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     Carbon oxide 
       Carbon dioxide 
COVIMEP Coefficient of variation (IMEP) 
CR  Compression ratio 
CVC  Constant volume chamber 
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DI  Direct injection 
DCI  Direct compression ignition 
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IPCC  Intergovernmental Panel on Climate Change 
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IVO  Intake valve open  
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IVC  Intake valve close  
LAG  Lavinia Aktivatisis Gorenia 
LIF  Laser- induced fluorescence 
LNG  Liquefied natural gas 
LBL  Lean burn limit 
LPG  Liquefied petroleum gas 
MAP  Manifold absolute pressure 
MBT  Maximum brake torque 
MON  Motor octane number 
MPa  Megapascal 
     Millisecond 
Mt  Metric tons  
 ̇    Momentum injection rate at nozzle 
 ̇   Mass flow rate 
NG  Natural gas 
NGV  Natural gas vehicle 
      Nitrogen oxides 
NPR  Nozzle pressure ratio 
PFI  Port fuel injection 
PC  Pre-chamber 
PLIF  Planar laser-induced fluorescence 
PJC  Pulsed Jet Combustion 
PSC  Partially Stratified-Charge  
       Injection pressure 
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     Indicated power 
     Nozzle exit pressure 
      Chamber pressure 
p-v  Pressure – volume 
PLIF  Planar Laser-Induced Fluorescence 
PSC  Partially stratified-charge 
Q   Mass flow rate 
       Lower heating value 
RCM  Rapid compression machine 
RI  Radical ignition 
RON  Research octane number 
rpm  Revolution per minute 
SCRE  Single cylinder research engine 
sfc  Specific fuel consumption 
SI  Spark ignition 
SOI  Start of injection 
SPFI  Spark plug fuel injector 
      Total hydrocarbon 
TJI  Turbulent jet ignition 
TWC  Three way catalyst 
TDC   Top dead centre 
     Chamber temperature 
     Nozzle exit temperature 
     Nozzle exit velocity 
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       Volume displacement 
       Indicated work per cycle 
WOT   Wide open throttle 
WWMP World Wide Mapping Point 
     Penetration rate at nozzle  
Greek Letters 
      Thermal efficiency 
       Indicated thermal efficiency 
    Specific heat ratio 
     Chamber density 
     Nozzle density 
    Jet penetration 
       Chamber density 
      Injection density 
      Thermal efficiency 
      Fuel conversion efficiency 
    Lambda 
⁰C  Degree Celsius 
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Abstract  
The aim of this project is to understand the combustion phenomenon in engines 
operating in gaseous fuels with the combination of direct injection strategy and pre-chamber 
ignition system for light duty passenger vehicles. The studies in this thesis focus on, i) The 
study of injection strategy in CNG direct injection engine to extend the lean limit, ii) 
Potential of the pre-chamber as an alternative ignition system for light duty engines, iii) Pre-
chamber flow and mixing using a multi-dimensional software including the fuel distribution 
near the ignition source to understand the behaviour of the passive pre-chamber in the 
engines.  
Topic i covers the understanding of injection strategy in direct injection of CNG to 
extend the lean limit and produce thermal efficiency comparable to gasoline engines of 
similar configuration. The extension of the lean limit in this study aimed to utilise the 
potential of lean combustion of natural gas including the reduction in pumping losses due to 
less throttling, an increase in thermal efficiency due to an increase of specific heat ratio from 
excessive air and low exhaust emissions including NOx due to low temperature of burnt 
charge as compared to gasoline engines. As lean burn of natural gas produces less exhaust 
emissions and near zero NOx emission, the project is focusing only on the engine 
performances rather than emission. In this work, a gasoline direct injector was used to supply 
compressed natural gas into a 0.475litre spark ignition single cylinder engine with a 10.5:1 
compression ratio. At World Wide Mapping Point (1500rpm, 3.3bar IMEP), the lean limit 
was extended from lambda 1.6 to lambda 1.8 with late fuel injections. High turbulence by the 
injected fuel closer to the top dead centre enhances the mixing of the lean mixture in the 
cylinder.   
Topic ii explores the potential of a pre-chamber as an alternative ignition system for 
light duty engines. Early and late injection strategies were investigated with the coupling of a 
pre-chamber. With relatively low CR, passive pre-chamber does not perform better than the 
conventional spark plug. EGR from previous cycles were trapped near the ignition source 
with the short electrode spark plug causing high combustion coefficient of variations 
especially at part load. Further improvement of the ignitability of the pre-chamber was 
conducted by changing the location of the spark source in the pre-chamber by using a longer 
electrode spark plug. At 1500rpm 3.3bar IMEP stoichiometric condition, pre-chamber 
showed a 3% of thermal efficiency over early and late injections of conventional spark 
2 
 
ignition. Similar results were observed in lambda 1.2. With spark location close to the 
orifices, smaller diameter hole provides multiple points of higher momentum combustion 
charges to ignite the cylinder charge. 
In relation to topic iii, investigations on the pre-chamber flow and mixing using a 
multi-dimensional model were conducted including the fuel distribution near the ignition 
source to understand the behaviour of the passive pre-chamber in the engine. The simulation 
indicates that the geometry of the pre-chamber has significant impact on the ignitability of the 
mixture in the pre-chamber and air fuel ratio of the charge in the pre-chamber is sorely 
depending on the mixing of the charge in the main chamber. Through the simulation, several 
recommendations were made including fuelling in pre-chamber, shape of the pre-chamber, 
number and size of the orifices for optimising the application of the pre-chamber in direct 
injection of light duty engines.  
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1. Introduction 
1.1 Project Background 
Exhaust gas emission initiates the idea towards alternative fuel. The industry is 
moving towards alternative fuel due to several reasons including climate change from an 
increase of greenhouse gas emissions, inclination of health problems in populated cities and 
political and social instability; impacts both oils supply and price [1]. Figure 1 demonstrates 
the distribution of carbon dioxide emissions from all around the world. Among the global 
contributors of carbon dioxide, road transportation including cars and buses contributed to 
16% of the global     emission production [2]. In Australia, the domestic transportation 
sector contributes 90 Mt     emission in 2012 or 16% of the total emissions through the four 
main modes of transportation  (rail, road, aviation and shipping), whereas light duty 
passenger vehicles accounted for 57% of the total emissions [3] and predicted to increase 
gradually due to growth in the number of passenger vehicles [4].  
 
Figure 1: Global man-made CO2 emissions [2] 
With the demand for cleaner transportation and greater fuel economy, the development of 
internal combustion engines in recent years has been impacted. Many researchers are 
focusing on exploring alternative fuels and ways to optimize the application of these fuels in 
Internal Combustion Engine (ICE). One of the most popular options is Compressed Natural 
Gas (CNG).  Natural gas has clean burning properties. In Victoria, natural gas consists of 
90.6% of Methane, 5.6% of Ethane, 1.1% Nitrogen, 0.8% Propane and other alkane[1].  
Although Australia is still heavily dependent on fossil fuels for its primary energy 
consumption as are many other countries, it has already become the third largest exporter of 
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liquefied natural gas (LNG) in 2012, and natural gas was accounted for one quarter of the 
country‟s energy used in 2011 [5]. Based on current consumption rates, natural gas including 
reserves, manage to stay for an estimation of 200 years [6] with approximately 90 years of 
natural gas supply in Australia. [7] 
Natural Gas is a high potential fuel due to its Lean Burn Limit (LBL) and Octane 
Number. Lean Burn Limit (LBL) is a minimum fuel quantity in air which supports the 
combustion. Lower LBL of CNG compared to gasoline permits larger range of stable lean 
burn of CNG fuel [8]. Octane number demonstrates the fuel‟s resistance to knock under given 
operating conditions. CNG has a high octane number (RON>130) as compared to Gasoline 
(RON 86) which allows higher compression ratios without knock  [1]. The relationship of 
compression ratio and thermal efficiency of Otto cycle engine is shown below where    is the 
compression ratio and   is the specific heat ratio; 
Equation 1, thermal efficiency in Otto cycle 
    
 
  
(   )
          
From the Equation 1, it can be seen that the Otto cycle thermal efficiency depends 
directly upon the compression ratio,   . As CNG engines can operate with a higher 
compression ratio than gasoline engines, it can be said that CNG fuelled engines have higher 
thermal efficiency and are more efficient. CNG engine results in lower brake specific fuel 
consumption (BSFC) as compared to gasoline. The relationship of fuel conversion efficiency 
and specific fuel consumption is shown in Equation 2 where sfc is the specific fuel 
consumption and QLHV is the lower heating value of the fuel. The specific fuel consumption is 
inversely proportional to the fuel conversion efficiency thus the fuel conversion efficiency is 
higher when the specific fuel consumption is lower.  
Equation 2, relationship between fuel conversion efficiency and specific fuel consumption  
   
 
       
 
Direct injection is one of the technologies that are widely used by automotive 
manufacturers for their missions in delivering high performance and fuel economy vehicles. 
Car manufacturers such as BMW, Mercedes, Audi and General Motor have been 
implementing this technology in their gasoline vehicles. Direct injection in CNG engines is 
not new. Researches on direct injection fuel strategy for CNG engines have been explored for 
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over a decade. Current findings are pointing towards direct injection in fuel delivery of CNG 
engines. 
When comparing direct injection with manifold injection of CNG, injecting fuel 
directly into engine cylinder reverses the reduction of volumetric efficiency due to air 
displacement with manifold injection, thus eliminating power losses [9, 10]. Direct injection 
of CNG into the combustion chamber has been demonstrated in [11-16]. The application of 
direct injection with gaseous fuel has several benefits including increased thermal efficiency, 
lower specific fuel consumption, decreased pollutant emissions and higher torque. Internal 
mixture formation from fuel direct injection bring up to 20 to 40% reduction of specific fuel 
consumption due to minimum pumping losses at part load along with notable reduction in 
pollutants emission [17, 18]. 
One of the main advantages of natural gas is the high octane number which allows 
high compression operation engine. Injection system comparison for CNG engine was 
evaluated in [16] where high compression ratio of direct injection spark ignition engine had 
been demonstrated in comparison to gasoline port injection system and Bi-fuel (CNG and 
gasoline) system. The CNG-DI engine was derived from a diesel engine for homogeneous 
stoichiometric combustion operation with modification of the cylinder head and piston crown 
for optimization of combustion velocity. It was proven that DI CNG engine has the potential 
for better fuel consumption with higher volumetric efficiency through later injection timings 
and higher burning speed with later spark ignition timings. It was found that CNG-DI engine 
produced 4% higher brake power at 6000rpm compared to the baseline gasoline fuelled 
engine, 23% higher peak power (at 6000rpm) than CNG-BI (maximum power of 57kW at 
5500rpm) and average BSFC of 0.28% and 8% lower than gasoline-PI and CNG-BI engines 
correspondingly. In another study[15], the potential of direct injection turbocharged CNG 
engine in New European Driving Cycle was explored where 1.5L turbocharged CNG engine 
was virtually created for comparison with 2L PFI turbocharged gasoline engine and 2L DCI 
turbocharged diesel engine. His study found that direct injection CNG engine produced 22-
25% reduction of CO2 emission compared to Diesel engine and approximately 30% less 
when compared with gasoline engine. 
Despite the high potential of natural gas as a promising alternative fuel, CNG has 
relatively low density as compared to other hydrocarbon based fuel. In the assumption of a 
same fuel conversion efficiency and stoichiometric operation of a port fuel injection, a low 
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density of this gaseous fuel results in a reduction of approximately 16% power compared to 
iso-octane fuel due to displacement of air by fuel in an induced cylinder air [1]. As engines 
operate as an air pump, it requires more fuel to be burned to produce more power. In order to 
combust higher quantity of fuel, an additional air is needed for the combustion process. Due 
to its low mass density, gaseous fuels which occupied most of the space require 4 – 15% of 
intake passage volume, resulting in the reduction of volumetric efficiency significantly when 
compared to liquid fuels that require only small spaces in the intake system.  
Natural gas has several other disadvantages such as its slow burning speed and high 
ignition requirements. Engines operating on natural gas are known for their low thermal 
efficiency and large cycle-to-cycle variation, consequently resulting in a reduction in engine 
power output and higher fuel consumption [19]. Mohamad T. et al. [11] had demonstrated 
overall mechanical and thermal performance of a single cylinder, variable compression and 
naturally aspirated using CNG and gasoline as fuel. It was found that there was an average 
loss of torque and power of 14.3% and 13.7% when CNG was used as compared to gasoline 
due to the conversion process. The drop in power and torque observed in engines operated 
with CNG was mainly associated with low volumetric efficiency of CNG due to the air 
displaced by the CNG in non-direct injected engines. Moreover, low flame speed 
characteristics of CNG combustion also contributed to the observed power drop. Through 
reduction of pressure rise rate of lower flame speed characteristics of CNG, it leads to a 
decrease in maximum cycle pressure and cycle work which affects the engine power. A CNG 
engine operates with a spark advance of approximately 50°BTDC as compared to gasoline 
operated engines with approximately 35°BTDC due to its slower burn rate. Hence, a CNG 
engine yields lower thermal efficiency and poorer lean burn characteristics [20]. When 
comparing with the same size of diesel-fuel engines, spark ignited (SI) engine generates 30% 
less power output due to the combustion-rate-limited engine and detonation capabilities. 
Besides that, SI engine suffers from 15-25% reduced thermal efficiency due to a lower 
compression ratio, limited detonation and high intake air pumping losses, as a result of the 
need of throttling at part load conditions [12, 21]. SI engine produces 30% more heat 
rejection as compared to diesel engines, leading to larger and more expensive cooling 
systems in terms of mobile application [12].  
A few strategies were conducted by researchers to achieve a rapid burning speed of 
CNG in SI engines to enable it to compete with traditional fuels of ICE. This includes 
changing the shape of the combustion chamber, dual fuel combustion of natural gas and 
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hydrogen, and increasing popularity of injection strategy in ICE; the application of direct 
injection [11, 22, 23]. Changing the combustion chamber shape enhances air motion and 
creates strong turbulence which increases the flame area thus enabling rapid burning speed.  
For duel fuel application, the idea of combustion of natural gas with hydrogen is believed to 
increase the burning speed, however proved to be promoting the formation of nitrogen oxide 
(NOx) when higher amounts of hydrogen was used [24-26]. Meanwhile, through direct 
injection where CNG is injected after the intake valve closes, it eliminates the lower flame 
speed. Direct injection does not only increase the volumetric efficiency but also produces 
high pressure gas jet which improves turbulence in the cylinder [27]. Through direct 
injection, lean combustion is possible as a promising method to reduce emissions and 
improve fuel economy.  In recent years, gas engines have evolved into lean combustion. In 
lean burn, excess air is introduced into the engine along with fuel. This combustion system is 
beneficial in two ways; 1) the excessive air reduces the amount of oxides of nitrogen (NOx) 
as compared to conventional natural gas engines. 2) Excessive air provides excess oxygen 
available, makes gamma higher and has less pumping losses at part load resulting in more 
efficient combustion and power produced from the same amount of fuel [28]. Despite this, an 
increase in excessive air ratio also results in longer and incomplete combustion that causes 
the engine to be unstable and causes an increase in emission of hydrocarbon in exhaust gas 
[29].  
Stratification is a concept in lean combustion where a rich mixture is created adjacent 
to a spark plug within a lean mixture in the cylinder. Ignition of the rich mixture produces 
higher energy to ignite the lean mixture; leading to a more stable flame.  Charge stratification 
allows the engine output to be controlled without the need to restrict the air coming into the 
cylinder, resulting in the minimization of the intake pumping losses. Another strategy to 
overcome the low ignitability characteristic of CNG is an effective concept for lean mixture; 
the application of pre-chamber. The application of pre-chamber spark plug is popular in large 
gas engines with wide cylinder-bores [30].  
The Concept of Pre-chamber: 
 Consists of a spark plug, a pre-chamber and multiple orifices 
 Uses chemically active, turbulent jet to ignite lean fuel mixtures in main chamber 
 Jets act as distributed ignition source; combustion become less dependent on air-fuel 
ratio 
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In this system, combustion occurs in two stages; main chamber inside the engine cylinder 
and pre-chamber which is connected to the main chamber through orifices. Ignition starts in 
the pre-chamber and when the flame comes through orifice, flame jets from the pre-chamber 
is introduced to the main chamber. Therefore a higher flame propagation speed and a more 
stable burning can be achieved [31]. Recently, the Ferrari had implemented the application of 
pre-chamber called “Turbulent Jet Ignition (TJI)” developed by MAHLE in the 2015 
Canadian Grand Prix. With the clear benefits of pre-chamber, this study has been focussing 
on the application of pre-chamber in medium to small engines.   
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1.2 Research Motivation and Scope 
Due to the reasons discussed above, natural gas is seen as a potential alternative fuel 
to substitute the fossil fuel. In engine operation especially at part load, power is reduced 
through less pumping losses. At part load, injecting the fuel directly in the chamber after the 
intake valves close eliminates the effect of volumetric efficiency and reduces the pumping 
loss. Further improvement would be to burn lean where in this situation, less fuel will be 
required to provide similar performance as stoichiometric burn. With lean burn, it increases 
fuel economy through reducing fuel consumption and reduces the emission. With the 
combustion of lean burn in CNG engines, near zero emission is achieved however the major 
difficulty in lean burn is the ignition. The ignitability of the lean mixture can be enhanced 
with the application of a pre-chamber. Pre-chamber with small cavity and connected to the 
main chamber through small orifices enable fast burn of lean mixture. Pre-chamber with fuel 
or without fuel has proved to increase the ignitability of these lean mixtures. Most researchers 
were coupling port injection and pre-chamber application while a direct injection strategy and 
pre-chamber application has not been extensively explored.  
The following research gaps will be addressed in this work: 
1. Effective ignition system for lean burning including stratification in CNG engines. 
2. Effect of pre-chamber jet ignition and direct injection of CNG engines in terms of 
thermal efficiency. 
3. Mixture formation of gaseous fuel in direct main injection and pre-chamber jet 
ignition application. 
4. Effective pre-chamber jet ignition device characteristics including geometry, volume 
and number of orifices for direct injection of CNG engines. 
As current CNG engine technologies use only part of the fuel potential, it is crucial for 
this thesis to focus on opportunities for spark ignition CNG conversion engine to maximizing 
the potential of Compress Natural Gas through the exploration of direct injection and pre-
chamber methods in passenger vehicles. The studies in this thesis focus on three main 
research objectives covering the area of the: 
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1. The study of injection strategy in CNG direct injection engine to extend the lean limit. 
2. Comprehend the potential of direct injection and pre-chamber jet ignition in gaseous 
fuelled engine.  
3. Pre-chamber jet ignition flow and mixing using multi-dimensional software including 
the fuel distribution near the ignition source to understand the behaviour of the 
passive pre-chamber in the engine. 
The aim behind the research presented was to study the application of pre-chamber 
ignition system with a direct injection strategy in light duty natural gas engines in passenger 
vehicle applications focusing on the engine performances rather than emissions because in 
lean combustions, it is well known that lean combustion produces less exhaust emissions than 
stoichiometric mixture with near zero NOx emission in the lean burn of natural gas [32-34]. 
The scope of this research was to study the effects of coupling direct injection and 
pre-chamber ignition system on the engine performance of light duty natural gas engines 
under laboratory conditions. Experiments were conducted at World Wide Mapping Point and 
wide open throttle. Experiments were conducted to understand the requirements for operating 
a pre-chamber ignition system to maximise the thermal efficiency of direct injection in CNG 
engines. With the scope of research, defined through the three research objectives, a series of 
discrete questions are raised.  
Research questions: 
1. What are the effects of using jet ignition for direct injection CNG engine (in terms of 
performance)? 
2. Can lean limit of direct injection CNG be extended with lower pumping losses with 
application of a pre-chamber? 
3. What are the ideal design characteristics for pre-chamber jet ignition in CNG DI 
engine? 
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1.3 Thesis Organisation 
The aim of this thesis is to study the application of pre-chamber jet ignition system 
with a direct injection strategy in light duty natural gas engines in passenger vehicle 
applications. Existing exhaust emission issues due to current SI engines are mentioned and 
natural gas is identified as an excellent alternative fuel. Methods to overcome the 
disadvantages of conventional CNG engines are suggested through direct injection and jet 
ignition through a pre-chamber. Based on the objectives of this study, research questions to 
be fulfilled are summarized.  
Chapter 2 consists of the essential concepts, descriptions, most importantly, highlights 
the state of art. This chapter outlining what have been done and remains to be studies – this 
constitutes the present research opportunities. The chapter is divided into two main sections; 
the first elaborates the direction of technology in natural gas engines whilst second details the 
injection and ignition strategies in natural gas engines. 
Chapter 3 covers a preliminary study of the combustion concept of pre-chamber jet 
ignition and direct injection using a numerical method. The numerical analysis of a gaseous 
fuelled engine showed that the jet ignition produced fast combustion. The computed burning 
rates are very fast even with very lean mixtures that are made stratified close to the jet 
ignition nozzles. This preliminary study has proven that the application of pre-chamber in 
direct injection of gaseous fuel created fast combustion even with a very lean cylinder 
mixture. 
Chapter 4 covers the investigation methods. Detailed descriptions are provided for the 
single cylinder research engine, test conditions and experimental configurations. Injection 
and ignition strategies proposed for direct injection of CNG engine are specified and 
elaborated. The approach on how data are treated and post-processed is also provided. 
Chapter 5 deals with the research questions surrounding the injection and ignition for 
a direct injection of CNG specifically with the pre-chamber application in the engine. This 
chapter consists of two main sections; firstly is the effects of fuel injection timing and 
secondly, the coupling of direct injection and pre-chamber ignition system. The first section 
comprises of a comprehensive analysis of the performance of early and late injection strategy 
in direct injection of a CNG engine. Late injection which is during or after the intake valves 
close allows the extension of the lean combustion limit for a CNG engine. In the second 
section of chapter 4, the effects of coupling a pre-chamber with the early and late injection 
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are analysed and evaluated. Through this chapter, the behaviour of pre-chamber in a direct 
injection fuel engine are investigated and improved through orifices diameter and location of 
the ignition source.  
Chapter 6 focuses on the development of the numerical model to understand the 
mixture formation inside the CNG direct injection of the single cylinder engine.  The chapter 
begins with the fundamental knowledge of supersonic underexpanded jets and literary review 
of previous investigations regarding methods for numerical modelling of the gaseous fuels 
injection.  The chapter is developed with the flow jet validation cases and grid dependency 
study. Firstly, the multidimensional CFD software, AVL FIRE code is validated for the axial 
penetration of a jet through a single hole nozzle into a cylinder. Secondly, the visualization of 
the jet shape is validated with LIF images at higher NPR value. Thirdly, a test case study of a 
multi holes injection in a combustion chamber is examined to characterize the underexpanded 
jet phenomena independently from any geometry constrain. The guidelines drawn in this 
preliminary study are then employed to the development of the numerical model of the 
engine which is described thoroughly in this chapter.  
Chapter 7 consists of a comprehensive analysis of the mixture formation and fuel 
distribution in the pre-chamber and combustion chamber based on the relevant engine 
operating condition. The part load condition at 1500rpm WWMP is analysed to relate and 
explain the behaviour of the pre-chamber in direct fuel injection application. The narrow pre-
chamber geometry used restricts the local mixing in the pre-chamber and the mixture in the 
pre-chamber is depending on the mixture in the main chamber.  
Chapter 8 draws the main conclusions of this study. It also highlights the optimisation 
and proposal of better solutions for coupling the pre-chamber in a direct injection CNG 
engine.  
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2. Literature Review  
This chapter is divided into two main sections. The first section describes the engine 
operation and fuel delivery system in gaseous fuelled engines. The second elaborates the 
alternative ignition systems for a successful lean combustion in CNG engines.  
2.1 CNG Engines 
2.1.1 Solution to CNG Direct Injection 
Exploration of CNG as fuel in spark ignition engine had begun for over two decades. 
Thomas [35] highlighted that the efficiency of SI engine could be improved with 3 ways a) an 
increase of compression ratio, b) reducing the use of intake air-stream throttling as the mean 
of controlling power and torque at part load, c) implement a lean fuelling scheme. 
Table 1, Vehicle converted to CNG and tested 
 
Vehicle 
Displacement 
(L) 
CR 
Gasoline 
CR 
NG 
Estimated NG 
efficiency vs. 
gasoline (%) 
Chevrolet van 4.3, 5.7 8.6:1 8.6:1 -12 
Dodge van 5.2 9.08:1 9.8:1 -3.5 
Ford van 4.9 8.8:1 11:1 +4.5 
Ford Crown Victoria 4.6 9.0:1 10:1 0 
Ford F-250, E-350 5.4 9.0:1 9:1 -11 
Honda Civic GX 1.6 9.4:1 12.5:1 -6 
Turbo Sprint, stoichiometric 1.0 8.5:1 12.4:1 +7
a 
Turbo Sprint, lean burn 1.0 8.5:1 12.4:1 +17
b 
a The turbocharged, stoichiometric, NG Chevrolet (Suzuki) Sprint is compared with the NA, stoichiometric, gasoline-
powered Sprint. Much greater efficiency gain is seen if the comparison vehicle is the turbocharged, gasoline-powered 
Chevrolet Sprint.  
b Turbocharged, lean-burn, NG operation compared with the NZ, stoichiometric, gasoline-powered Chevrolet Sprint. This 
was a research vehicle which could not meet U.S. emission certification standards. 
 
Table 1 summarise the test for efficiency of various vehicle converted to CNG in the 
early 90‟s [35]. Important points from this table are: 
 The efficiency of CNG engine increase when compared to gasoline when the CR was 
set higher than gasoline engine (in the case of Ford van). 
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 Due partly to a decrease in volumetric efficiency, the torque and power of the CNG 
engine were decrease by ~12%  (Chevrolet van) 
 For conversion of gasoline engine to run with CNG, it requires some modifications 
including hardened valves and valves seat inserts. 
 The closed-loop emission control system including multipoint fuel injection, EGR, 
and three-way catalyst (TWC) and ignition timing are altered for the CNG vehicle for 
better efficiency of catalyst. 
 The conversion has advantage in terms of emission instead of fuel economy 
(efficiency). 
 
Table 2 present the hierarchy of NG engine design parameters and weight based on fuel 
economy improvement technologies. From the table, we could see that the direction for 
optimisation of SI NG engine is moving towards lean-burn and with combination of DI 
stratified charge or IDI (pre-chamber and higher CR, it is foreseen to produce higher energy 
efficiency as compared to the baseline gasoline engine. Summarize from the table, Thomas 
[35] listing promising NG technologies for SI engine as below: 
 Lean burn with turbocharging and PFI. This may be also applicable if stratification is 
feasible. 
 Lean burn with DI early-injection (homogeneous charge) fuelling. Turbocharging is 
optional with the possibility of charge stratification should be evaluated. 
 Lean burn with IDI stratified charge (pre-chamber) fuelling (recommended with low 
pressure NG)  
 Lean burn with DI or IDI late-cycle, with high pressure injection (considering high 
pressure injection system is possible). 
 Control the engine to use stoichiometric fuelling under certain conditions and lean 
burn operation at low loads. 
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Table 2, Expected relative efficiency changes due to selected engine technologies or engine and vehicle 
parameter changes (an FTP-75 duty cycle is assumed) 
 
Selected engine design, engine parameter, or vehicle parameter 
Energy efficiency 
change from baseline 
gasoline engine (%) 
Base case gasoline engine and typical NG fleet vehicle engine 
1. Base case engine: SI, gasoline, NA, PFI, -9.0:1 CR, TWC, in a 
LD vehicle 
Base 
2. NG engine very similar to case 1. SI,NA, PFI, -9.0:1 CR, WC, 
lower volumetric efficiency, lower peak power 
-9 to -2 
3. LD NGV weight penalty, adding 68 kg to a 1360 kg vehicle -3 
4. CR increase from 9.0 – 10.0:1 to 12.0 -13.0:1 +5 to 11 
5. NG, control of air and fuel to avoid all rich conditions, use of 
reduced crevice volume piston, ina stoichiometric SI engine 
employing TWC 
+2 to 4 
Stoichiometric SI engines 
6. NG, SI, stoichiometric, turbocharged or DI, NGV with effects of 
cases 3, 4 and 5 included; compared with current fuel-efficient 
NA gasoline engine (base case) 
+5 to 11 
Lean-burn SI engines 
7. Gasoline, lean-burn, early-injection DI, homogeneous charge +11 to 15 
8. NG, lean-burn, turbocharged PFI or DI early-injection 
(essentially homogeneous charge), SI, with CR increase (case 4) 
and weight penalty (case 3) 
+16 o 20 
9. Gasoline, lean burn, SI, DI stratified charge or IDI (pre-chamber) +14 to 18 
10. NG, DI stratified charge or IDI (pre-chamber), lean burn, with 
CR increase (case 3) and weight penalty (case 2) 
+19 to 23 
CI engines 
11. NG, CI, turbocharged, homogeneous charge, micropilot ignition 
(~19:1 CR), some throttling needed; weight penalty of 113 kg for 
1360-kg vehicle included 
+24 to 29 
12. NG, CI, turbocharged, DI stratified charge or IDI (pre-chamber), 
micropilot ignition (~19:1 CR); weight penalty of 113 kg for 
1360-kg vehicle included; a small amount of throttling is 
assumed to be required 
+28 to 37 
13. Diesel fuelled, turbocharged, IDI, and DI engines +30 to 44 
Note: CI – compression ignition, DI – direct injection, IDI – indirect injection, SI – spark ignition, PFI – port fuel injection, 
NA – naturally aspirated, CR – compression ratio, NGV – natural gas vehicle 
 
2.1.2 Lean Combustion of CNG Engines 
Lean combustion is one of the most promising methods for emission reduction and 
fuel economy improvement. Lean burn occurs when the air to fuel ratio (AFR) is higher than 
stoichiometric, λ = 1 where λ is the ratio of actual AFR with the stoichiometric AFR. 
Running an engine lean with introduction of additional air increases the specific heat ratio ( ) 
which results in an increase in thermal efficiency based on Equation 1.  
In terms of exhaust gas emission, with excess air in a lean operation of natural gas, 
combustion efficiency increases while lowering CO and total HC emissions. NOx is 
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produced mainly in burnt gas by post flame reaction and the rate of NOx formation is related 
exponentially to the temperature of combusted charge. Therefore, low temperature of burnt 
charge in lean mixture creates lower NOx without any fuel penalty [36, 37]. In addition to 
that, lean combustion lessens the tendency of knocking yet allowing operation at high 
compression ratio which in-turn results in higher thermal efficiency. SI engines have low 
engine efficiency at part load due to the throttling control. The method of diluting the air-fuel 
mixture with additional air (lean burn operation) or exhaust gas recirculation (EGR) proved 
to help in the improvement of fuel consumption. Lean burn improves engine drive cycle 
efficiency which diminishes fuel consumption. It also allows the engine to run less throttled 
while maintaining the same road power which greatly decreases the pumping losses [34]. In 
this case, power output is controlled by varying the amount of fuel injected to the combustion 
chamber rather than through throttling, as is done in conventional stoichiometric spark 
ignition engines. Lean burning of natural gas has advantages in terms of thermal efficiency 
and exhaust emissions due to low heat and pumping losses and increase in the specific heat 
ratio compared to combustion of gasoline [20, 24, 37].  
Despite the advantages of lean burn, this technology has not been widely 
implemented due to several reasons including compromised combustion stability and three-
way catalyst incompatibility. Besides, even though the NOx emissions decrease at higher λ 
due to lower combustion temperature, significant NOx improvement can only be observed 
from the lean limit  λ ~1.4 of conventional spark ignition engines. Moreover, variation of 
AFR in lean burn from stoichiometric in conventional spark ignition engines show a degrade 
in effectiveness of the three-way catalyst which is the primary mean to control NOx, HC and 
CO emissions. In combustion of natural gas engines, with its slow burning speed, it is 
difficult to run lean while maintaining adequate combustion stability without reaching 
misfire. Combustion instability leads to the increased of HC emission due to misfires and 
partially burning cycles. Partial burning is mainly caused by a low laminar flame velocity of 
the lean mixtures that affects the flame kernel growth and hence flame propagation. As the 
lean mixture is combusted, combustion process is prolonged. In addition, with an increase of 
mixture dilution, lean combustion is also limited to cyclic combustion variations. 
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Improvements in Lean combustion 
Several improvements which are required to overcome the issues related to lean burn of 
natural gas such as slow burn and low level of ignitability were discussed in [35]. Some of 
the potential solutions are: 
a. Environmental compliance: design parameter may include valve timings and 
replacement, turbulence and mixing, CR, fuel injection and spark timing. 
b. Development of robust control systems and sensors: For lean burn NG engines, the 
lean limit (misfire limit) is affected by the amount of water vapour (humidity) in the 
intake air [38]. Water vapour is a diluent effect including changes to the oxygen 
sensor output. 
c. Mode switching between stoichiometric and lean burn: possible method of meeting 
emission requirement while maintaining some advantages of lean burn. 
d. Charge stratification: one of the best options to extend the effective lean limit and 
lower NOx emission. Low pressure gas supply is desirable (<10 MPa) because high 
pressure (35 – 40 MPa) will diminish vehicle range. Charge stratification techniques 
involving late-cycle injection requires high gas pressure. 
e. Ignition system improvement: the main advantages of advance ignition timing in lean 
burn of NG are to lower the maintenance requirements and extend the application of 
lean limit. Through the optimisation of spark ignition, the goals to improve ignition 
quality, creates more reliable ignition near lean-limit conditions, extension of the lean 
limit and more rapid kernel development to improve heat release rate are achievable. 
f. Increased combustion chamber turbulence and mixing: flame propagation rate, 
therefore heat release rate increasing with increase of turbulence and mixing level in 
combustion chamber when rapid combustion is desired.  
g. Other: skip firing is a generic method for allowing part-load operation while avoiding 
throttling. It is only specific to NG, for NG to meet environmental standards for lean 
burn.   
With its low laminar velocity of lean mixtures in natural gas engines, it is crucial to develop a 
technology which is designed to utilize the advantages of lean burn while circumventing the 
disadvantages.  
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2.2 Injection and Ignition Strategies in CNG DI engines  
In-cylinder air mixing is a crucial element to be focused on when dealing with ICE. There are 
two combustion conditions formed when direct injection is involved; homogeneous and 
stratified mixture. These types of mixture are produced depending on the time of fuel 
injection into the cylinder. Fuel injection occurrences happening after the valves close gives a 
homogeneous mixture while an injection close to the top dead centre produces a stratified 
charge.  
2.2.1 Homogeneous mixture 
The concept of homogeneous and stratified mixture is very important in direct 
injection of spark ignition operating engines because it is the key difference to control the in-
cylinder charge mixing when compared to port fuel injection. Different injection strategies in 
direct injection classified the mixture formation to be either homogeneous or stratified 
charge. Early fuel injection generates homogeneous charge operations which are designed for 
medium-to-high engine loads [39]. Homogeneous mixtures increase the engine indicated 
efficiency by reducing losses in the exchange process. In addition, when the injection starts at 
the end of inlet stroke, it minimizes the influence on the effect of engine volumetric 
efficiency [13]. The effects of injection timing and spark timing on combustion 
characteristics and emissions of DI CNG were studied in [40]. Liu et al. claimed that 
advanced fuel injections lead to better air-fuel mixing and experienced a faster flame 
development. As combustion characteristics is highly influenced by mixing quality of the 
mixture, early injection timings promote the formation of flame kernel which then reduces 
the initial combustion duration, however slight increase in rapid combustion duration was 
observed for the early injection timing. The emission of NOx and HC concentration increases 
as the injection and spark timings were advanced while CO concentration showed a small 
variation with respect to the changing of these two parameters. In [14] a turbocharged 
combustion-system development of InGASSP A2 using 3-way catalyst was applied to 
demonstrate the mixing of homogeneous combustion in direct injection CNG engine. 
Statistical evaluation of 50 PLIF images showed that nearly 100% of the mixture is ignitable 
at 50 CA BTDC when operating at part load. It was concluded that a very good mixing was 
obtained in homogeneous mixtures with adaptation of advanced injection timing because 
when the fuel is injected sufficiently early, the homogeneous mixtures have adequate time for 
fuel-air mixing before the ignition. The lean operation limit for the homogeneous mixture 
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was found to be λ=1.25. Further lean operation (λ>1.25) results in incomplete combustion 
which contributes in excessive HC-emission.  
2.2.2 Stratified Mixture  
Late fuel injection close to the top dead centre could produce a stratified charge operation. 
Stratified mixture is achieved when there is a high amount of fuel close to the spark plug with 
a lean mixture in the remaining area of the combustion chamber. A combination of high 
compression and a very lean operation of stratified mixture are the vital essentials to get an 
increase in engine efficiency [13]. The concept of stratified charge operates differently from 
homogeneous mixture, therefore some modifications and optimisations are required for an 
engine to operate in stratified mode.  
In the effort to achieve stratification, Yadollahi et al. conducted a computational study 
on the influence of injector geometry and engine speed in direct injection of natural gas using 
AVL FIRE. Two injectors were used; single hole and multiholes with both centrally mounted 
and inwardly opening needle injectors [41]. They found that the single hole injector gives 
similar flammable mass fraction at the end of compression stroke as multihole injector and 
stratification is more challenging at higher engine speeds. A different study by Baratta [18] 
using a multidimensional computational software, Star CD studied the effects of injection 
strategies, injector-tip protrusion, and in-cylinder geometry including piston and cylinder 
head on a centrally mounted CNG engine. Stratified charge was achievable with a narrow 
bowl piston where it was able to produce a better mixture during the ignition timing. 
 
      
Figure 2: a) flat piston b) modified – wall guided like in GDI [13] 
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Chiodi et al. [13] investigated the effects of early and late injection, injector types and 
piston geometries on the mixture formation in turbocharged direct injection CNG engine. 
Figure 2 shows a modified piston similar to a wall guided GDI engine and a flat crown 
piston. Two injectors were tested; a single hole and multihole gas injectors. The visualization 
of mixture formation for stratified strategy using both flat and modified piston geometry 
while varying the injector types are shown in Figure 3. It can be seen that stratified charge is 
achievable with both flat and modified piston; however the multihole injector generates a 
better mixture of fuel near to the spark plug. Moreover, for homogeneous mixture, both the 
single hole and multihole injectors gives similar lean limit of lambda 1.25 however for 
stratified mixture, multihole injector generates a ore convenience shape for the imminent 
flame propagation [13]. Plus, stratified charge showed a better indicated efficiency as 
compared to homogeneous mixture, thanks to the higher dethrottling degree in the stratified 
method [13].  
In investigating the influence of injection timings and spark timings on combustion in 
CNG DI engine, Yuichi claimed that a stable combustion is obtained with early injection at 
stoichiometric mixture and retarded injection provides more stable combustion for leaner 
mixture (λ > 2.0) [42]. A study on direct injection of single cylinder CNG engine with low 
compression ratio (10.7:1) has found that an improvement of up to 10% of engine airflow 
was observed with the late injection timing of CNG direct injection at low speed operating 
points. However, this is not always the case especially at higher engine speed where the 
benefit in engine performance was reduced to 4% at 5000 rpm. At higher speeds the potential 
of late injection is limited due to the requirement to advance the injection to obtain suitable 
mixture preparation [43].  
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a) Flat piston – single hole gas injector 
               
b) Flat piston – multihole gas injector 
 
c) Modified piston – multihole gas injector 
 
Figure 3: CFD simulation comparison of injection strategy using flat and modified piston design on in-
cylinder mixture formation[13] 
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Similar trends were seen in [44] where the effect of injection timings were 
investigated in a CNG DI engine with higher compression ratio (14:1). It was concluded that 
late injection (120° BTDC) resulted in 20% higher performance compared to early injection 
(300° BTD) at low engine speed up to 2750 rpm while a better fuel-air mixing of early 
injection gives superior performance for engine speeds above 4500rpm. At engine speed of 
2000rpm, late injection produced a higher heat release rate, better combustion efficiency and 
faster combustion duration due to high charge stratification. In terms of emissions, retarding 
of injection timing resulted in increased in NOx emission and decreased in CO emission 
indicating a higher combustion temperature and a more complete combustion. However when 
comparing the heat release plots at high engine speeds, late injections produced a lower 
maximum pressure as compared to early injections. At high engine speeds, occurrence of a 
high degree of fuel stratification resulting in incomplete mixing and high cycle-to-cycle 
variation which explained the lower peak pressure at low engine speeds. 
 
2.2.3 Ignition System 
The fuel properties of gaseous fuels those are different from liquid fuels directly 
affecting the mixture formation in the combustion chamber. Gaseous fuel combustion 
especially in direct injection application is highly influenced by the diffusion process. As 
excessive air and less fuel available for combustion, ignition is harder and more challenging 
to achieve. In a spark ignition engine, sufficient amount of fuel is required to be in the 
vicinity of the spark plug to enable a stable ignition and combustion [42]. According to a 
study on natural gas combustion stabilization by spark ignition, a variation of the air excess 
ratio (lambda) at a range of 1 to 1.4 in the vicinity of the spark plug at the time of ignition 
would promise a stable combustion [42].   
Mixing is not the only important parameter for natural gas combustion but also the 
ignition system. A new approach of Direct Fuel Injection (DFI); a device called Spark Plug 
Fuel Injector (SPFI) was used in [11] to overcome these drawbacks in lean combustion. The 
concept of the SPFI is combining a spark plug and an injector to be fitted into an existing 
spark plug hole which allows minor modifications of the engine. SPFI is a simple device for 
conversion of port fuel injection engine to direct injection gaseous fuels or duel fuel 
operation. Figure 4 shows the technical drawing of SPFI. It was proven that SPFIDI generates 
a higher burning rate, improved in volumetric efficiency and better mixing due to high 
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velocity of gas jet as compared to manifold injection operation. However, it results in 
pressure loss in SPFI fuel line and reduction in the effective compression ratio. 
 
Figure 4, Technical drawing of SPFI and close up view of SPFI injection nozzle [11] 
 
The application of Partially Stratified-Charge (PSC) Natural gas engine has been 
conducted by Cordiner et al in University of Rome Tor Vergata on experimental and 
numerical analysis of Nitric Oxide formation. Figure 5 illustrates the PSC spark plug injector, 
consist of a modified Bosch XR4CS spark plug with injections were metered by an Omega 
SV121 solenoid valve, delivered through a capillary tube. The experiment was conducted on 
Richardo Single Cylinder Research Engine with a PSC spark plug. The idea of this technique 
is to provide a stable ignition kernel in the combustion chamber by providing rich air-fuel 
mixture close to the spark plug (the amount of fuel was less than 5% of the main charge) and 
ultra-lean homogeneous charge in the main chamber. The PSC offers control over the load 
without throttling by lengthening lean flammability limit. This technique shows an 
improvement in efficiency and reduces NO emission at part load as compared to conventional 
lean combustion SI engine [45].  
Taking a step further, the application of pre-chamber as an initiation system is a 
potential method which could enhance the ignition of a lean burn.  Pre-chamber jet ignition 
concept uses a chemically active, turbulent jet to initiate combustion in lean fuel mixtures in 
the main chamber. With jet that acts as the distributed ignition source, the combustion of 
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charge in main chamber is less dependent of air-fuel ratio. Multiple hot ignition sites makes 
the flame travel distances to be relatively small ensuring short combustion durations even in 
traditionally slow burning lean mixtures. 
 
 
Figure 5, PSC spark plug injector [45] 
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2.3 Alternative Ignition Approaches (Jet Ignition) 
2.3.1 Early Application of Pre-chamber  
The concept of pre-chamber was first proposed and patented by Sir Harry Ricardo in 
1918 [46] shown in Figure 6 where it was identified as one of the first divided chamber 
stratified charge concept for SI engines. In both patent and actual test work the rich charge 
was supplied to the pre-chamber with one carburettor. Only air was supplied to the main 
chamber and the main chamber manifold was not throttled. Power output was controlled by 
changing the rich air-fuel ratio and the quantity of rich changer supplied to the pre-chamber. 
Despite a very successful performance results, he reported some drawbacks of this systems at 
part load operations where poor performance and efficiency were observed. He concluded 
that the operation of auxiliary intake valve is sensitive to speed and load, which caused some 
of the poor performance observed at certain speeds.  
 
Figure 6, Internal combustion engine, by H. R. Ricardo [46] 
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In 1968, L. A. Gussak developed a jet ignition application called LAG-process 
(Lavinia Aktivatisia Gorenia or Avalanche Activated Combustion) based on chain branching 
theory developed by N. N. Semyonov where he proposed the use of rich mixture in the pre-
chamber which when ignited produced an active species and “chain carriers” from the 
incomplete combustion in the pre-chamber. These active species and “chain carriers” are then 
injected to the main chamber rapidly advancing the chain branching reactions [47]. With jet 
ignition, the active radicals present in the partially combusted product are ejected from the 
pre-chamber help in initiating the combustion of charge in the main chamber by providing 
multiple, distributed ignition sites to rapidly consume the main chamber charge.  Gussak 
identified that in LAG, the optimum size of pre-chamber is 2-3% of the clearance volume 
with an orifice length to diameter ratio of ½ [48]. Through Gussak‟s extensive study, the 
importance of active radicals in this type of ignition system is revealed and LAG has been 
implemented into the powertrain of the Volga passenger vehicle in 1981 where a rich (λ= 0.5) 
was introduced into the pre-chamber to ignite an ultra-lean (λ=2) mixture in the cylinder 
[49] . 
Further research on LAG was conducted by Yamaguchi et. al [50] in 1980‟s at The 
Nagoya Institute of Technology in Japan where the effects of pre-chamber size and orifice 
diameters on the ignition and burning process were studied in a divided chamber bomb. He 
claimed that in this process, ignition type can be categorized as four ignition patterns; 
1. Well dispersed burning with small diameter orifices caused a long induction period. 
Main chamber is ignited and combusted rapidly due to chemical reactions rather than 
thermal reactions. 
2. Composite ignition with slightly larger orifice than (1) caused a shorter induction 
period. Active radicals and thermal effects are responsible for ignition where flame 
kernels promoted combustion in the main chamber. This pattern determined to work 
best for lean burn operation. 
3. Flame kernel torch ignition with further enlarged relative to (2) but only large enough 
to provide turbulent jet which would consume most of the main chamber mixture. 
Ignition is merely due to the flame kernels. 
4. Flame front torch ignition with largest orifice. Pre-chamber flame enters the main 
chamber as a torch and the combustion of the main chamber proceeds as a normal 
flame propagation.  
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This study confirmed a possibility to effectively ignite combustible mixture solely with active 
radicals. However, he concluded that in lean combustion the composite ignition was the most 
effective combustion pattern [50].  
In another study, torch cell engine designs simplify the early design of divided 
chamber stratified by Harry Ricardo by eliminating the need for auxiliary pre-chamber 
fuelling. In torch cell designs, pre-chamber which contain a spark plug is filled with a fresh 
main chamber charge during compression stroke. During ignition, a turbulent torch is 
produced which then ignites the main chamber charge. The torch ignition produces more than 
20 times of energy required to ignite a gasoline/air ratio between 12:1 – 18:1, enable it to 
ignite an extremely lean mixture in the combustion chamber. Due to the high turbulence 
present in the pre-chamber during ignition, fast combustion occurs. The turbulence, through 
its chaotic movement, reached the unburned mixture as ignition resources. Therefore as the 
intensity of turbulence increases, more contact of unburned mixture and ignition resources 
yet diminishing the mean temperatures of the combustion process. Torch ignition system 
provides these characteristics to the combustion process in the combustion chamber: a) The 
presence of unstable and chemically active products provides enough energy to ignite lean 
mixtures b) The jets as a result of combustion in the pre-chamber yields turbulence resulting 
in temperature gradient reduction in the chamber. Figure 7 shows a design of turbulence torch 
cell engine by Toyota.  Torch cell system proved to be able to extend the lean operating range 
of the engine and has been implemented and developed by not only Toyota but a few other 
automotive manufacturers such as Ford and Volkswagen [36].  
 
Figure 7, Toyota Turbulence generating pot torch cell design [36] 
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Contrast from torch cells, a divided chamber stratified charge engine consists of an 
additional fuel source in the pre-chamber. In earlier designs, pre-chamber fuel is supplied 
through a third valve and additional carburettor while in the current designs; additional fuel 
injector is used to provide fuel in pre-chamber. The two separate interconnected chambers 
ensure charge stratification; especially a rich mixture close to spark plug to increase 
ignitability. Initial divided chamber designs were characterized by large pre-chamber and 
large orifices where when ignition starts in pre-chamber, a regular flame front travels through 
the orifice slowly into the main chamber. Honda has developed a system based on this 
technology called Compound Vortex Controlled Combustion (CVCC) which complies with 
the 1975 emission standards with a catalytic converter (Figure 8).  This system relies 
primarily on a flame torch to ignite the main mixture, resulting in normal flame propagation 
[47]. 
 
Figure 8,  Honda‟s CVCC engine [51] 
 
Since then, several technologies were developed with similar concept of having a 
readily combustible (stoichiometric) mixture close to the ignition source in a pre-chamber 
and a very lean mixture in main chamber including jet igniters. Jet igniters are a subset of the 
divided chamber stratified charge concept but with a much smaller orifice(s) connecting the 
pre-chamber cavity and the main chamber. The smaller orifice size produces high velocity 
burning jet that travel quickly through the orifice and penetrates deeper into the main charge. 
Due to the high speed of the jet, the pre-chamber volume has to be kept relatively small to 
avoid impinging on the combustion chamber wall.  
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2.3.2 Further Development of Jet ignition Pre-chamber  
Ignition systems using pre-chamber is common in stationary spark ignition gas engines where 
this ignition system can be optimized for the condition in the chamber for a few operating 
point. As compared to conventional gas engine, a gas engine with pre-chamber showed a 
great improvement due to a stable ignition and high propagation rate in the pre-chamber 
while having high burning rate and short burning period in the main chamber. In passenger 
cars, there are few issues highlighted with a pre-chamber ignition system in a lean 
combustion [52]. They are:  
1. Unburned residual gas in the pre-chamber after combustion cycles 
2. High heat transfer via the pre-chamber components 
3. Small scavenging losses 
With the possible downsides of pre-chamber ignition application, researches on application of 
pre-chamber in SI engine have been focusing on overcoming these drawbacks. Through 
investigation and evolution of pre-chamber applications, these flaws are minimised in internal 
combustion engines [52]. 
APIR  
Robinet C et al [53] presented another firing concept called APIR in France which 
means „„Auto-inflammation Pilotée par Injection de Radicaux” or Self-ignition Triggered by 
Radical Injection using homogeneous port injection propane-air mixture. The APIR device 
uses high stratified charge concepts with the introduction of rich mixture either gas-air or 
gasoline-air close to upper flammability limit in a pre-chamber. Rich mixture is injected in a 
slightly leaner pre-chamber. Lean mixture in the pre-chamber was achieved from a flow back 
of some lean mixture in the main chamber during compression stroke. Besides, the 
combustion initiation would not be affected by the residual combustion product in the pre-
chamber as the fuel/air mixture is lean. An incomplete burning of the rich mixture results in 
generation of intermediate combustion residual and promotes a pressure rise in the pre-
chamber. The only difference of APIR from Pulsed Jet Combustion (PJC) was the diameter 
of holes connecting the pre-chamber and the main chamber which was set to be below 1mm. 
Narrow size of holes were used for three main reasons. 1) Quenching for the flame 
propagation and avoid reappear of combustion in the vortex of the jet. 2) With narrow holes, 
more holes could be used which induce the overall radical seeding of the main chamber. 3) 
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Limiting flow back and provide high pressure rise radical injection far from the APIR head in 
combustion chamber. The APIR device is shown in Figure 9. 
 
Figure 9, Section of the APIR device & top-view of its head [53] 
The APIR device is mounted in place of the conventional spark plug. The volume of 
pre-chamber was set between 0.5 and 1     (approximately 1% of clearance volume) with 
one to nine-hole heads with diameter of 0.5 to 0.8 mm. It was found that the spark timing for 
a maximum break torque (MBT) of conventional spark plug of around 50degrees decreases 
dramatically to 25degrees for pulse jet chamber (PJC) device and to 20deg with APIR device 
which means 20% less spark timing than PJC device. 
Table 3, 0.3MPa IMEP operating point versus firing device [53] 
 
 
 
 
 
 
 
Table 3 summarises the performance of APIR device and spark plug at part load (0.3MPa 
IMEP) in stoichiometric condition. From the table above, APIR device shows a dramatic 
cycle variability decline when compared to a conventional spark plug. At 0.3MPa IMEP 
condition, APIR device employed in a lean burn strategy showed a decrease in fuel 
consumption and around 95% and 63% reduction of NOx and CO emissions as compared to 
stoichiometric spark plug. The main disadvantage of this device is the unburned hydrocarbon 
 Spark plug APIR Device 
MAP (hPa) 540 700 
F/A equivalence ratio 1.02 0.65 
ISFC (g/kWh) 242 226 -7% 
   (%) 32 34.3 2.30% 
Indicated pollution 
(g/kWh) 
     5.6 0.3 -95% 
CO 10.6 3.9 -63% 
UHC 6.3 15.4 145% 
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emission which reaching 145% increase compared to conventional spark plug mainly due to 
trapped hydrocarbon in the sub-chamber. However with APIR device, the trapped UHC is 
more localized therefore it would be easier to  be eliminated [53]. 
Radical Ignition (RI)  
Radical ignition (RI) technique uses a concept of two combustion chambers; a sub-
chamber and a main chamber.  The sub-chamber is located above the main chamber. Figure 
10 illustrates the schematic diagram of spark plug ignition and radical ignition engines. In the 
RI method, rapid combustion is achieved by an ejection of a high temperature and energy 
density of burning products including various kinds of active radicals in the sub-chamber 
through orifices to the main chamber to enhance the ignitibility of the mixture in the main 
chamber. In addition, live turbulence which results in multipoint ignitions and expansion of 
the early flame permits rapid burning of a lean mixture in the main chamber. The Radical 
Ignition technique appeared to give remarkable progress in the burning velocity and 
combustible lean limit compared to Spark ignition (SI) technique [54, 55].  
 
a)  SPI engine                            b)   Radical engine 
Figure 10, SPI combustion chamber and b)  Radical engine combustion chamber [54] 
Further understanding on Radical Ignition technique had been demonstrated by Park et al. 
using Constant Volume Chamber (CVC).  An improvement of lean burning characteristic of 
lean mixture in pre-chamber was investigated by injecting active radicals generated in the 
sub-chamber of the CVC by varying the number, total section area and diameter of the 
passage holes.  They claimed that the optimum sub-chamber geometry was approximately 
0.11cm-
1 
in the ratio of total area of holes to the sub-chamber volume. It was proven that as 
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compared to spark ignition (SI) technique, RI technique showed a better combustible lean 
limit and burning velocity [55].  
Dongheun et al had illustrate sub chamber RI technique concept with modification of 
single cylinder direct injection diesel engine to CNG fuelled RI-engine. Figure 11 shows a 
cross-section drawing of radical ignition device mounted on an engine consists of a sub-
chamber. The sub-chamber consists of a spark plug and an injector. CNG fuel is injected 
directly to the sub-chamber. When the spark plug is discharged, the sub-chamber acted as a 
ground electrode. It was found that the RI-CNG engine managed to overcome the drawback 
of RI-Gasoline where RI-Gasoline can‟t scavenge the residual gas from previous cycles in the 
sub-chamber and improved the in-engine cycle stability. However this method has its 
disadvantages which includes at stoichiometric, it produces high emission of CO and NOx 
and an increase of COVp at high engine speeds. Behaving differently in lean condition, it 
results in low COVp however increases the combustion duration [56]. 
 
Figure 11, Injector, sub-chamber and spark plug distribution in RI-CNG engine [56] 
Two Stage combustion systems  
Two stage combustion systems with stratified mixture in a pre-chamber is an effective 
method to improve a lean mixture combustion process. Engine burning with homogeneous 
mixture manages to operate at (𝝺=1.6) due to the limitation of knock. With heterogeneous 
mixture, rich mixture in a pre-chamber and lean mixture at the remaining chamber allows a 
larger range of lean combustion (𝝺=2) for both chambers. Two stage combustion processes 
consist of two parts; the main chamber and the pre-chamber. Very lean mixture is sucked in 
the engine inlet while pure gas fuel or rich mixture is injected in the pre-chamber. During 
compression stroke, lean mixture in the main chamber is forced into pre-chamber to 
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weakening the rich mixture. Stratified charge engine uses the concept of injecting a rich fuel 
mixture close to the spark plug with a lean mixture in the combustion chamber. Three main 
methods are incoporated in these applications which are 1) direct injection of fuel into 
combustion chamber to avoid knock; 2) spark plug as ignition source when the fuel is mixing 
with air as a direct control of ignition process; 3) controlling engine power by varying the 
amount of fuel injected per cycle [57]. An experiment on two stage combustion of gaseous 
engine modified from (CR 8) diesel engine to run with spark plug found that complete lean 
burn of average combustion factor up to 2.0 and reduction in NOx emission observed with 
two stage combustion. However, there was a reduction in the IMEP and an increase in HC 
emission for this application [58]. The observation was agreed by [59] in their experiment on 
two stage LPG fuel compared to a single stage of gasoline fuel. Two stage combustion 
system of stratified gas charge in a sectional chamber with a constant volume had been 
conducted by [60] to investigate the ignition of gaseous fuel in the combustion chamber. Fuel 
gas jet is introduced by pre-chamber through orifices into the main combustion chamber. The 
results of the experimental study and simulation showed that the pre-ignition chamber has the 
potential to overcome ignition problem of direct injected gaseous fuel. 
Swirl Chamber Spark Plugs 
A swirl chamber spark plug has been studied by Reinhard Latsch at Bosch Stuttgart in 
the early 1980s in attempt to simplify the LAG process by eliminating the additional supply 
of pre-chamber fuel-air mixture. This system relied solely on the piston to compress the air-
fuel mixture from the main chamber into the pre-chamber [61]. This version of flame jet 
igniter had a miniature cavity located inside a 14 mm spark plug. Further study on a swirl 
chamber type spark plug had been conducted by Latsch et all. called bowl pre-chamber 
ignition (BPI) concept[62, 63]. The pre-chamber spark plug in the BPI can be seen in Figure 
12.  
 
Figure 12, Pre-chamber spark plug in BPI[63] 
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Figure 13 shows the operation of the BPI in a combustion chamber. This concept 
consists of a direct injector, a piston bowl and a pre-chamber spark plug. Injection happened 
in two stages; first during the inlet stroke to produce a lean homogeneous mixture in the 
cylinder and second during compression stroke where small amount of fuel ~3% of total fuel 
is injected to piston bowl to be transported to the pre-chamber by the motion of the piston.  
The rich pre-chamber mixture is then ignited by a spark plug in the pre-chamber creating jet 
flame combusting the lean in-cylinder mixture in the main chamber. BPI showed an 
improvement in NOx emissions and fuel consumption at part load with a reduction in knock 
sensitivity at full load. 
 
 
Figure 13 Schematic description of the BPI concept: a) injection during compression stroke, b) combustion 
mixture in the piston bowl, c) second injection where mixture is transferred to pre-chamber, d) ignition and 
inflammation by jet flames [63] 
 
A deeper understanding of the behaviour and potential of swirl chamber spark plugs 
had been undertaken by Bowing et al. [64] where he focused on different ignition systems for 
highly diluted mixtures in spark ignition engines. He claimed that this system is no better at 
enhancing combustion near lean limit than a conventional spark plug because although the 
flame jet ignition with a swirl chamber spark plug promotes a fast energy conversion, trapped 
residual gas along with in-cylinder air-fuel mixture inside the pre-chamber makes ignition 
near the lean limit hard to achieve.  
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Figure 14, J-Plug (right), unscavenged (middle) and scavenged swirl chamber spark plug (right) [64] 
 
In a study of highly diluted mixtures in gasoline spark ignition engine where it was 
aimed to improve the combustion, a methane scavenged swirl chamber spark plug had been 
explored and compared with conventional spark plug and un-scavenged swirl chamber [64]. 
Figure 14 shows the different types of ignition systems used. The performance comparison at 
2000rpm, 280kPa of IMEP between these three systems are presented in Figure 15. Based on 
the graphs, it can be concluded that jet ignition with a swirl chamber spark plug leads to fast 
energy conversion however the flame initiation is not improved due to residual gas inside the 
swirl chamber. With methane scavenged swirl chamber, the lean limit is extended. The 
ignition enhancement was solely credited to the stratification of charge rich mixture in the 
pre-chamber with an extension lean limit to λ = 1.96.  
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Figure 15, indicated efficiency at 2000rpm, 280 kPa IMEP [64] 
 
Pre-chamber Spark Plug with Pilot Injection 
Another investigations on pre-chamber spark plug was made by Latsch et al. [52] 
where the concept of pre-chamber spark plugs were coupled with pilot injection. One of the 
main objectives of this system was to create an inflammation region with low ignition energy 
demand to minimise the requirements of conventional ignition system while at the same time 
ignite excessive air mixture through flame touches in the cylinder. This concept was 
implemented due to the finding by Bowing et al. [64] which stated that the earlier design had 
an inadequate residual gas scavenging in pre-chamber leads to an insufficient mixture 
formation in the pre-chamber. One major difference of this concept compared to other jet 
flame ignition systems is that the fuel in injected during intake stroke rather than during 
compression stroke, which aimed to push the residual gases out of the chamber.  
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Figure 16, Principal of pre-chamber spark plug with pilot injection[52] 
Figure 16 provides a schematic illustration of on the operation of ignition system with a small 
quantity of fuel being injected into the pre-chamber. A large amount of residual gas remains 
in the pre-chamber at the end of combustion cycle at TDC (Figure 16a). The pilot fuel is then 
injected during intake stroke which purged the residual gas into the main chamber (Figure 
16b).  During compression stroke, fresh mixture flows into the chamber forming ignitability 
mixture (Figure 16c).  In the chamber, ignition occurred where the electrode is placed at the 
rear of the chamber to target the flame propagation towards the transfer holes. High pressure 
in small chamber forces the flame in terms of torches into the main chamber and ignites the 
lean mixture (Figure 16d) [52].  The pilot injection in the pre-chamber is able to stabilize the 
lean misfire limit of a leaner than stoichiometric combustion process to a degree of achieving 
high reduction in consumption and lower nitrogen oxide emissions as compared to no pilot 
injection of the pre-chamber.  
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Turbulent Jet Ignition 
Turbulent Jet Igniter was developed by MAHLE as a simple bolt-on addition 
replacing a conventional spark plug in a port fuel injection engine. It was developed to 
overcome the lean burn difficulty by using hydrogen as the pre-chamber fuel with 
compatibility of using readily available commercial fuel such as propane, gasoline and 
natural gas. The components in the jet igniter and cross-section drawing of jet igniter in a PFI 
engine are shown in Figure 17.        
 
Figure 17, (a) turbulent jet igniter (b) turbulent jet igniter centrally installed in the test engines 4-valve pent roof 
combustion system 
The Turbulent Jet Igniter consists of pre-chamber injector and a spark plug with 2% 
of total energy is provided by pre-chamber and 98% of total energy is supplied through port 
fuelling for the main chamber. A small pre-chamber with  volume of ~2% of the clearance 
volume was selected to minimize crevice volume, HC emissions, heat loss, surface to volume 
effects and pre-chamber residual gas. It is connected to the main chamber via one or more 
small orifices (~1.25mm diameter) which helps flame quenching and penetration into the 
main chamber and through chemical, thermal and turbulent effects, the burning product of 
pre-chamber initiate main chamber combustion in multiple locations.  
Figure 18 illustrates the engine performance of port injection gasoline with turbulent 
jet igniter of different pre-chamber fuel at 2500 rpm WOT condition. The lean limit was 
extended with the application of the turbulent jet ignition with further improvements with an 
increase in compression ratio. Side by side comparison of Turbulent Jet Igniter with 
conventional spark plug highlighted a 11% peak thermal efficiency improvement and 
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predicted to reach an indicated net thermal 
efficiency of more than 45% (19% relative 
improvement) with even higher compression ratio 
(~14). Moreover when Jet Turbulent Igniter fuelled 
with gasoline (main chamber) and propane (pre-
chamber) operating at WWMP condition of 
1500rpm 3.3 bar IMEP, the pre-chamber 
combustion system is able to permit up to 54% mass 
fraction diluent while maintaining satisfactory  
combustion stability and promised an 18% 
improvement in fuel consumption as compared to 
gasoline spark ignition system [65] as can be seen in 
Figure 19. Jet turbulent ignition of gasoline and 
natural gas showed similar fuel improvement with 
further increase up to 20.6% with pure natural gas at 
4.7 bar IMEP operating point as compared to the 
gasoline baseline. 
       
   
 
 
 
 
 
 
 
 
Figure 19, Fuel improvement in split fuel (gaseous pre-chamber) versus single liquid fuel 
Figure 18, COV and thermal efficiency of 
Turbulent Jet Igniter at different compression 
ratio at 2500 rpm, WOT 
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Lean Burn Direct Injection Jet Ignition (DI-JI) 
From previous literatures, it was proven that direct injection provides reduction in the 
effect of volumetric efficiency which eliminates power loss and increases mixture heating 
value while jet ignition gives higher knock resistance, better thermal efficiency and better 
ignitability. Recently, coupling of direct injection and jet ignition has been another attractive 
investigation on internal combustion engines [66-69]. The coupling of direct injection 
fuelling of the main chamber and bulk ignition by multiple jet hot gases from a small size 
pre-chamber which accommodates a second fuel injector and a spark plug was established 
and presented by researchers; Professor Harry Charles Watson and Alberto Boretti. 
Combination of both the application of direct injection and jet ignition in internal combustion 
engine (ICE) enabled more efficient and complete burning of gaseous and liquid fuels within 
the engine cylinder.  It comprises of a direct fuel injector in the main chamber and one jet 
ignition pre-chamber in each cylinder for a multicylinder engine.  The concept of direct 
injection and jet ignition on a four stroke engine is shown in Figure 20 and Figure 21. 
 
Figure 20, Sectional view of the direct injection jet ignition engine [66] 
 
Figure 21 , Jet ignition device assembly for the direct injection jet ignition engine with spark [69] 
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The jet ignition pre-chamber consists of a spark plug and one pre-chamber injector 
with 6 equally spaced nozzles of diameter =1.25mm and total volume of less than 1.5cm
3
. 
The direct injector in the main chamber injects the fuel directly into the cylinder to produce a 
lean stratified mixture which consists of air and residuals from the previous cycles. In the pre-
chamber, fuel is injected by second direct injector and ignited by the spark plug. The jets of 
the reacting gases are then ignited by the non-homogeneous mixture in the main chamber 
through orifices. In [66], authors highlighted the advantages of coupling direct injection and 
jet ignition. Side-by-side reviews of homogeneous DI or PFI and Stratified DI and jet ignition 
showed that this combined concept offers a more complete, larger lean limit and less 
sensitivity over mixture state and composition. In addition, it produced higher combustion 
rate with high energy ignition from huge quantity of hot partially burned combustion 
products in multiple locations within the main chamber and reduction in heat losses to the 
main chamber wall [66]. Heat loss is reduced due to several reasons including better fuel 
distribution of a lean mixture in the main chamber, in-bulk combustion of the in-cylinder 
gases and the availability of high ignition energy in the main chamber provided by multipoint 
ignition sides. These combinations of jet ignition and direct injection were believed to 
produce higher efficiency; approximately 50% at full load with small drawbacks at part load 
and more environmentally friendly ICE with very lean mixture combustion of gaseous fuels.  
This newly developed system showed to have improved full load operation of 
stationary or transported engine through production of large brake efficiency (ratio of engine 
brake power to the total fuel energy) which reduces the Brake Specific Fuel Consumption 
(ratio of engine fuel flow rate to brake power). At part load, the engine operates at almost 
throttle-less capacity as the load is controlled by the quantity of fuel injected hence producing 
an efficient combustion for fuel mixture ranging from close to stoichiometric to extremely 
lean  [67-69]. 
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2.3.3 Key Parameters to Jet Ignition Pre-chamber 
The ability of Jet ignition pre-chamber to act as an ignition system is dependent upon 
various key parameters including volume, number, diameter and length of the orifice(s) and 
the presence of an auxiliary fuel injection in the pre-chamber. Pre-chamber volume has a 
great impact on the rate and depth of penetration of the jet, jet velocity and consequently 
turbulence rate in main chamber. Bigger volumes produce higher momentum hence increases 
the penetration rate. Shah at.al. [70] found that with an increase in pre-chamber volume from 
1.4% to 2.4%, reduction in flame development angle and main chamber combustion duration 
was observed and an increase of more than 2.4% of pre-chamber volume reduces the efficacy 
of pre-chamber as ignition device. They claimed that the lean limit in main chamber is 
extended with an increase in pre-chamber volume with no significant effects for nozzle 
diameter however at a given pre-chamber volume, smallest nozzle diameter with a nozzle 
area ratio (nozzle area of pre-chamber over pre-chamber volume); 1mm nozzle diameter 
showed the best ignition performance in terms of lowest combustion duration and lowest 
flame development angle. 
Table 4, comparison of various pre-chamber applications 
 
 
 Turbulent 
Jet Igniter 
[71] 
Pre-
chamber 
Jet Igniter  
[72] 
Gas 
Assisted 
Jet 
Ignition 
[73] 
Direct 
Injection 
Jet 
Ignition 
(DI-JI) 
[66] 
APIR 
[53] 
Swirl 
Chamber 
Spark 
Plug [64] 
Cylinder 1 4 1 1 - 1 
CC 0.6 1.2 0.612  - 0.515 
CR 10.4 9  11  - 10.5 
Main fueling PFI PFI PFI DI - PFI 
Main fuel Gasoline, 
propane 
 Hydrogen Propane, 
H2 
Propane, 
gasoline 
Gasoline 
Pre-chamber 
volume 
 
1.3 
 
0.84 
 
0.9 
 
1.3 
 - 
Pre-chamber fuel Propane - - LPG - Methane 
Orifices 6 6 1 6 1 – 9 (4) 4 (swirl) 
Orifices diameter 1.25 1.25 1.6 1.25 0.5 – 0.8 - 
Orifice length 3 3.1 1 - - - 
Pre-chamber 
volume 
2% 
clearance 
volume 
2.2% 
clearance 
volume 
0.5 – 2% 
clearance 
volume 
2-3% 
clearance 
volume 
1% 
clearance 
volume 
~2% 
clearance 
volume 
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A comparison of main characteristics of pre-chamber application has been made and 
simplified in Table 4. Most of the pre-chambers are adopting a pre-chamber volume of 
approximately 2% of the clearance volume or less. With a multi-hole pre-chamber, a smaller 
hole diameter is used meanwhile a bigger orifice is required for a single hole pre-chamber to 
enable the air fuel mixture from the main chamber to be pushed into the pre-chamber during 
compression for a pre-chamber without auxiliary fuel.  
In the effort to understand the characteristics for an effective pre-chamber, a study of 
the effect of nozzle volume and diameter both experimental and simulation was conducted in 
[74].  It was concluded that the increase of pre-chamber volume increases the absolute mass 
flow rate from the pre-chamber while reducing the nozzle diameter increasing the jet 
velocity. Comparisons of nozzle diameter for a constant volume showed that a smaller nozzle 
diameter causes earlier jet ejection which might be due to the effect of better mixing in the 
pre-chamber with fresh air during compression stroke. A bigger nozzle diameter produces a 
more stratified mixture in the pre-chamber and combustion proceeds with slower rate after 
spark ignition.   It is concluded that a smaller nozzle diameter penetrates faster in the 
combustion chamber purely due to higher velocity and momentum of the jet. In addition to 
that, nozzle diameter has a direct impact on the mean turbulence in the main chamber with 
the higher maximum turbulence level achieved with a smaller nozzle diameter and at a 
controlled volume, maximum turbulence levels and rates are increasing with a reduction of 
nozzle diameter [74]. A single nozzle pre-chamber experiment without auxiliary fuel 
injection was studied by Gentz et. al. [75] in RCM to observe the effect of nozzle diameter of 
pre-chamber on burn duration (0-10% and 10-90%) of a pre-mixed propane/air mixture over 
a range of air to fuel ratio. Over three different nozzle diameters (1.5 mm, 2 mm, 3 mm), it 
was indicated that 1.5 mm orifice exhibited a shorter 0 – 10% burn durations indicating the 
fastest flame initiation. It was concluded that the orifice diameter has an insignificant impact 
on 0 – 90% burn duration at stoichiometric and only shows significant effect for lean 
conditions in which the smallest orifice showed faster flame propagation relative to the 
largest orifice. He found that the turbulent jet ignition did not extend the lean limit compared 
to spark ignition baseline test due to a combination of additional heat transfer losses of the 
hot combustion products to the orifice wall and additional cooling of the jet from mixing with 
the cool unburned mixture in the main chamber.   
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3. Preliminary Study of Pre-chamber 
With the inclusive study of available literature on ignition and injection strategy of direct 
injection, it is believed that the application of pre-chamber jet ignition is able to improve the 
fuel conversion efficiency of internal combustion engines for transportation applications 
fuelled with gaseous fuels. In this chapter, the concept for pre-chamber jet ignition in a direct 
injection engine is tested using a Computational Fluid Dynamics method to “see” the 
potential of pre-chamber application in a direct injection gaseous fuelled engine. The 
simulation is conducted using a simpler gaseous fuel; hydrogen. The reason hydrogen is used 
in this study is because the detailed chemistry of H2 is much simpler than other gaseous fuel, 
e.g. CH4 and C3H8. The aim of the simulation study in this chapter is to demonstrate the fast 
combustion produced by coupling of pre-chamber in direct injection presented in degree 
crank angle (CA) of the fuel and air mixture in the combustion chamber. Furthermore, the 
results in this chapter represent the potential of the pre-chamber qualitatively and not 
quantitatively therefore no engine performance data are provided in this study.  
 
Simulations are performed by using STAR-CCM  [76] and DARS-CFD [77]. STAR-
CCM [76] is one of the most promising CFD platforms delivering the entire CFD process 
from CAD to post-processing in a single integrated software environment. Innovations such 
as built-in surface-wrapping and advanced automated meshing have quickly established 
STAR-CCM a reputation for producing high-quality results in a single code with minimum 
user effort. STAR-CCM features automatic meshing technology and a comprehensive 
selection of physics models delivering accurate solutions in an easy-to-use environment. 
DARS-CFD [77] is a detailed chemistry package that may be interfaced to STAR-CCM.  
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3.1 Engine geometry 
This combustion system comprises a direct injector and a jet ignition device. A design 
with four valves per cylinder and central direct injector and jet ignition device is shown in 
Figure 22. The engine used in this preliminary CFD study is not identical in geometry to the 
engine used for the experimental section in this project. The simulated engine was available 
at the earlier stage of this project and the pre-chamber concept was also modelled. There are 
several strong similarities between the simulated and the experimental engine including the 
piston type and number of valves and differences such as injector location and compression 
ratio. The simulated has a compression ratio of 11:1 while the engine used in experimental 
method presented in later chapters is slightly lower at 10:5:1.  Although there is a slight 
difference in the compression ratio, the aim of this chapter is not to monitor thermal 
efficiency but more to observe the behaviour of the pre-chamber concept in a direct injection 
engine. Different cylinder size and operating conditions would result in different engine 
quantitative values. Nevertheless, the thermal efficiency change is negligible from a 
compression ratio of 10.5 to 11. According to [57] the increase in thermal efficiency due to 
an increase in the compression ratio at part load from compression ratio 9 to 11, results in a 
relative improvement of between 1 and 3 percent per unit of compression ratio increase and it 
is also depends on cylinder size and operating condition.  
 
The jet ignition device contains another gas injector and a spark plug. For prototype 
applications, the gas injector in the jet ignition pre-chamber is a gasoline direct injection 
(GDI) injector operated at low pressure. Small amounts of gaseous fuel are needed to create a 
close to stoichiometric mixture within the jet ignition pre-chamber. The details of this GDI 
injector are not included in the model. The combustion chamber is a shallow bowl-in-piston 
combustion chamber, a similar type of piston used in the single cylinder engine in RMIT 
Green Engine Laboratory for the experimental side of this project. The main injector has 16 
nozzles and features fast actuation for delivery of multiple injections. The jet ignition device 
accommodates a racing spark plug of reduced diameter. The jet ignition event is controlled 
by the spark discharge after the gas injector in the pre-chamber has created a stoichiometric 
mixture in the pre-chamber. The load is controlled by changing the amount of gas introduced 
in the main chamber. The gas fuel considered is delivered in gas phase. 
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Figure 22, direct injection jet ignition combustion system 
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3.2 Numerical development and Boundary Condition  
Simulations are performed to study the lean operation on the geometry of Figure 22 with 
a compression ratio of 11:1, naturally aspirated condition. A CAE tool is used to describe the 
full cyclic engine operation including in cylinder and pre chamber. CAE simulations are 
performed by using GT-POWER [78] and WAVE [79].The engine works with direct 
injection of a gaseous fuel (H2) and Jet ignition of a lean stratified mixture made closer to 
stoichiometric in the central area below the jet ignition device. Computations start at intake 
valve closure when initial conditions are set by using results of CAE simulations, and end at 
exhaust valve opening. Piston moves following the compression and expansion strokes and 
the computational do computational domain made up of the in-cylinder volume contract or 
expands accordingly. The main chamber mesh set to 3 mm is coarse and gives about 260,000 
cells. This is a presentation mesh. The computational mesh is much finer but more difficult to 
present. The mesh maximum cell size is then changed from 100% to 50% to create the fine 
versions and this gives about 400,000 cells of polyhedral cells to keep the computational time 
and the internal memory requirements low. This mesh takes longer to run but have cells of a 
better size in the main chamber. Figure 23 presents the computational mesh. This enhanced 
mesh has volume refinements outside the main chamber direct injector‟s 16 holes, a cone 
downstream of each pre-chamber outlet, and internally for the pre-chamber. Morphing is used 
to change the grid density to the variable in cylinder space controlling the size and the shape 
of the elements. The spark discharge is simulated as a pulse temperature igniter, i.e. a small 
sphere in between the electrodes where the temperature is risen up to 2500 K during a 
prescribed time. Simulations have been performed neglecting the residual gases within the 
cylinder and the pre chamber at intake valve closure. Injector boundary conditions are set up 
to achieve sonic flow conditions at the main injector holes. Injection pressure is 300 bar for 
the main injector. The total flow area is 0.7 mm
2
. The main injector is made of 16 nozzles of 
0.25 mm diameter each. With H2, the speed of sound is 1290 m/s. Pre-chamber injector is 
single hole for sake of simplicity. 
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Figure 23, Computational mesh at top dead centre and mesh refinement 
 
The flow is considered turbulent, compressible, reacting, multi species. Turbulence is 
modeled by using a Reynolds- Averaged Navier-Stokes (RANS) turbulence model [76]. 
Kinetics equations are obtained by using DARS-CFD [77]. The equations use the Arrhenius 
equation expressed in Equation 3 where k is the rate constant, A is the pre-exponential factor, 
Ea is the activation energy, R is the universal gas constant and T is the temperature: 
Equation 3, Arrhenius equation 
         
  
    
Transport and diffusion equations are solved for the nine chemical species, namely for O2, 
H2, H2O, H, O, OH, HO2, H2O2. STAR-CCM solves the Partial Differential Equations 
(PDEs) for energy and species conservation presented in equation 4 [77]: 
Equation 4, Partial Differential Equation used in coupling of DARS-CFD and STAR CCM  
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While DARS-CFD solves the Ordinary Differential Equations (ODEs) for chemical kinetics 
expressed in equation 5 [77]:  
 
Equation 5, chemical kinetics equation in DARS-CFD 
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When chemical kinetics is the limiting factor of the reacting system under 
investigation, near-perfect mixing of reactants and products is usually accomplished. 
However, normally these mixing mechanisms have to rely on fluid motion or large-scale 
eddies and turbulence to provide the mixing. Local turbulence is particularly important as it 
promotes micro-scale mixing among the gas species. If the turbulence is too weak to provide 
fast mixing among the gas species, the micro-mixing process will interfere with the chemical 
kinetics. The turbulence intensity is supposed to affect combustion scaling reaction rates 
using the Kong-Reitz model showed in Equation 6 [80]:  
 
 
Equation 6, Kong-Reitz model for turbulence interaction  
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3.3 Results and Discussion 
The H2 mass fraction, the H2O mass fraction and the temperature within the in-
cylinder about firing top dead center are presented in Figures 25, 26 and 27.  
The engine speed is 7500 rpm, while the air-to-fuel equivalence ratio of the hydrogen 
fueled engine is  =2.5. Spark is advanced with reference to top dead center position to allow 
combustion initiation. Kinetics is important in the early phase of combustion and ignition of 
the pre-chamber mixtures takes a finite time despite of the almost stoichiometric conditions. 
As soon as combustion within the pre-chamber is fully initiated, then the jet of partially 
combusted, hot products spread combustion all over the main chamber to burn the fuel 
available within a short time despite of the very lean composition. Figure 24 presents the H2 
mass fraction at firing top dead center below the cylinder head evidencing charge 
stratification. The pre-chamber injection starts first to produce the right conditions within the 
pre-chamber. The main injection starts later to concentrate the lean mixture fuel about the 
center of the chamber. Ignition starts the combustion that propagates quickly to the pre-
chamber and then to the main chamber. In conventional spark ignition engines, with optimum 
spark timing, half of the charge in the cylinder is burned at about 10 degrees after top dead 
centre [57] however in this simulation, with the combination of pre-chamber and direct 
injection strategy, combustion completed within 10 degrees of crank angle.  Injectors, 
injection timings and pressures and pre-chamber and main chamber parameters are not 
optimized. Spark ignition timing is also not optimized, and the results shown are only 
qualitative.  
 
Figure 24, H2 mass fraction at firing top dead centre below the cylinder head evidencing charge stratification 
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Figure 25, Top to bottom: H2 mass fraction at 314, 324, 334,344 and 354 degrees CA (firing top dead centre is 
360 degrees CA) 
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Figure 26, Left to right, top to bottom: H2O mass fraction at 362, 364, 366, 368, 370, 376, 378 and 380 degrees 
CA (firing top dead centre is 360 degrees CA) 
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Figure 27, Left to right, top to bottom: Temperatures at 362, 364, 366, 368, 370, 376, 378 and 380 degrees CA 
(firing top dead centre is 360 degrees CA) 
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3.4 Conclusion  
This chapter presented one of the latest concepts for combustion systems being 
considered for gaseous fuel based engines. The combustion system uses a shallow bowl-in-
piston combustion chamber with direct injection of the gas fuel and jet ignition. Combustion 
is always started by the jet ignition. The concept may be applied to low compression 
ratio/naturally aspirated engines. The part load operation has been investigated in a gasoline-
like like low compression ratio and naturally aspirated environment by using CFD and 
detailed chemical kinetics with STAR-CCM and DARS. The computed burning rates are 
very fast even with very lean mixtures that are made stratified close to the jet ignition 
nozzles. This preliminary study has proven that the application of pre-chamber in direct 
injection of gaseous fuel created fast combustion even with a very lean cylinder mixture. The 
next chapter will explore the potential of pre-chamber in the exclusive alternative fuel 
selection; Compressed Natural Gas.  
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4. Experimental Method 
Based on the previous preliminary study, the combustion concept of pre-chamber jet ignition 
and direct injection is implemented in a CNG spark ignition engine. The main focus of this 
project is achieving a higher thermal efficiency with extended lean limit in a natural gas 
engine which includes fuel injection and ignition strategies. For the application of pre-
chamber, the pre-chamber used is a passive pre-chamber without the auxiliary fuel supplied 
in the pre-chamber (active).  
4.1 Engine Development 
4.1.1 SCRE (Single Cylinder Research Engine) 
A single cylinder spark ignition engine was used in all experiments. This engine was 
designed for multi fuel operation from gasoline, natural gas and hydrogen and compatible to 
run both direct injection and port fuel injection. It is equipped with a centrally mounted direct 
injector with angled spark plug positioning. Compression ratio of 10.5 was used in all 
experiments. This engine featured a flat top piston crown in a pent roof combustion system 
which incorporated four valves and a twin overhead camshaft. The variable camshaft phasers 
for both intake and exhaust enabled variable valve timing to optimize the different operating 
and combustion condition of the engine. General specification of the engine is shown in 
Table 5. 
Table 5, AVL Single Cylinder Test Engine Type 52 Specifications 
AVL Single Cylinder Research Engine 
Manufacturer AVL SCRE 
Capacity 475.3 cc 
Bore x stroke 82 x 90 mm 
Compression Ratio 10.5:1 
Twin overhead Valve configuration, with 4 valves, 2 inlet, 2 exhaust 
Combustion Chamber pent roof 
Inlet valves diameter 31 mm 
Exhaust Valves diameter 27 mm 
Valves overlapping 18 degrees 
Piston: Shallow Bowl (2.7 mm deep, Diameter of the bowl: top of bowl 73 mm, bottom 
of bowl 63 mm) 
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4.1.2 Instrumentation and Control system 
Figure 28 presents the AVL single cylinder engine installed in Green Engine 
Laboratory, RMIT University. The engine was instrumented with thermocouples to monitor 
the water, oil, intake and exhaust temperatures. The injection parameters adjustment for 
direct injection were controlled by BOSCH ECU consisting of ES690 (measuring and 
application unit) application via ETK ECU adaptor cables and INCA PC-version for 
visualisation and evaluation. . ETK is a powerful calibration device used to interface the host 
computer making high data transfer rate possible between ECU and the calibration software. 
A high precision optical-electronic encoder; Angle Encoder 365C by AVL was used for 
crank angle related indicating measurements. The encoder enables measurement of cycle 
based data accurately between from 0.1 degree CA  to 1 degree CA by means of the 
integrated pulse multiplier and provides precise measurement up to the engine speed of 
20,000 rpm [81]. 
 
 
 
 
 
 
 
 
 
 
Figure 28. Single Cylinder Engine installed in Green Engine Laboratory, RMIT University 
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4.1.3 Data acquisition system 
Data acquisition was obtained from a multi-channel indicating system, the AVL 
IndiModul 622 which is capable to process fast crank-angle and time-based signals typical 
for combustion engines. The IndiModul 622 is interfaced to AVL Indicom as signal 
processors converting analogue to digital output. The IndiModul 622 hardware consists of a 
data acquisition unit (19"/1HU) with eight analogue input channels which are controlled from 
a PC via a GigaBit Ethernet Interface. This system is capable to record measurement data 
related to the crank angle such as cylinder pressure, fuel line pressure, and ignition timing or 
injection control signals. The data output are recorded at a total throughput rate of up to 800 
kHz/channel. COVIMEP was measured using moving average of 25 cycle window taking an 
average of 300 cycles. AVL Indicom was used to monitor real-time in-cylinder engine 
performance such as P-V diagram, COVIMEP and misfire. Data was recorded for 300 cycles 
and saved in iFile format which was then converted into cycle, time and crank angle based 
data output. 
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4.2 Test Matrix 
The SCRE is capable of running on both port fuel injection and direct fuel injection of 
multiple fuel types including gasoline, CNG, hydrogen and LPG. According to [63], a 
passive  pre-chamber had scavenging issue where residual gases were trapped in the pre-
chamber however with scavenged (active) pre-chamber, the lean limit was further extended. 
Passive pre-chamber was used in all of the pre-chamber testings in this project. The 
experimental test points for this study are shown in Table 6. In this experiment, a passive jet 
ignition device was tested in different injection system. Testings were operated at 1500 rpm 
at WOT and WWMP (3.3 bar IMEP) as indicated in [65]. All experiments were conducted at 
MBT timing with 50% mass fuel burn at 8-10 degrees CA after TDC at a compression ratio 
of 10.5. 
Table 6, Experimental test matrix 
Ignition Spark  Passive Pre-
chamber 
Fuel CNG CNG 
Engine Speed 1500  1500 
Throttle/load WOT, 3.3 IMEP WOT, 3.3 IMEP 
Lambda  1 → lean limit 1 → lean limit 
Main fuelling DI DI 
Main injection Early and late 
Injection 
Early and late 
injection 
No. of orifice 
Pre-chamber 
none 6 
Size of orifice 
(mm) 
none  1.30, 1.50 
Spark electrode normal Normal, longer 
electrode 
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4.3 Experimental Configuration  
For all CNG operation a high pressure solenoid Gasoline Direct Injector by Bosch with 
718g/min flow rate (gasoline injection) was used.  The exhaust throttle plate was set to be at 
50% closed.   
3.3.1 Cam profile and Fuel injection Timing Definition 
 
Figure 29, AVL single cylinder intake and exhaust valve lift profile 
 
Figure 29 shows the intake and exhaust cam profiles for AVL SCRE. The profile 
shows a 18 degrees valve overlap with intake valve open (IVO) at 365 degrees CA and intake 
valve close (IVC) at 630 degrees CA while exhaust valve open (EVO) at 360 degrees CA 
BBDC and exhaust valve close (EVC) at 18 degrees ATDC. In this research study, the effect 
of injection timing on direct injection combustion was divided into two strategies; early and 
late injection. The start of early injection ranges from 420 to 540 degrees CA while the start 
of late injection is defined as fuel injection during intake valve closure and/or after valve 
closure (540 to 630 degrees CA).  
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4.3.2 Spark ignition configuration 
Different spark plugs are required for different application. The type of spark plug is 
determined by the temperature of gas inside the combustion chamber. The degree to which a 
spark plug disperses the heat it receives due to combustion is called its “heat range”. A high 
heat range spark plug (cold type) is the term used for a spark plug with a high degree of 
dispersal and those with a low degree of heat dispersal are called low heat range (hot type). In 
a natural gas engine, a high heat range spark plug is needed especially for lean combustions 
of natural gas. In this study, several high heat range spark plugs were used. 12 mm 
conventional spark plugs were used for all the direct injection spark ignition testing. Dwell 
ignition timing of 4 ms was used in all test points. 
4.2.3 Jet ignition Pre-chamber Configuration 
Pre-chamber 
The specification of the pre-chamber is presented in Table 7. The passive pre-
chamber unit consists of a small pre-chamber screwed into engine cylinder head and an 8 mm 
spark plug. The stainless steel pre-chamber has a volume of 1 mm
3
 equivalent to 2% of the 
clearance volume of the engine. The passive pre-chamber is designed to replace a 
conventional 12 mm spark plug without any modification. A 3 mm of the wall thickness was 
chosen as according to [71] this thickness would withstand the temperature and pressure in 
the pre-chamber  during combustion. Figure 30 shows the cross-section of the pre-chamber 
and location of the pre-chamber in the engine. Combustion starts in the pre-chamber with the 
mixture of air and fuel pushed into the pre-chamber during compression gets ignited resulting 
in multiple jets of hot burning gas igniting the mixture in the main chamber. The SCRE is a 
centrally mounted injection with the spark plug tilted 13 degrees from vertical plane. The six 
equally spaced orifices which connect the pre-chamber and the main combustion chamber are 
angled 30 degrees from horizontal such that the orientations of the orifices are evolving 
around the parallel axis with respect to the combustion chamber.   
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Table 7, pre-chamber specifications 
Pre-chamber characteristic  Dimension 
Volume (cm
3
) 1 (~ 2% of clearance volume) 
Orifice length (mm) 3 
Orifice diameter (mm) 1, 1.3, 1.5 
Orifice number 6 
 
 
 
 
 
 
 
 
 
 
Figure 30, Engine assembly cross section and cross section of the pre-chamber 
 
8 mm spark plug 
Three types of conventional 8 mm spark plugs with (colder) heat rating with different 
ground electrode type (projected and semi-surface discharge) were chosen for the initial 
testing of the pre-chamber;  
a) Denso Iridium power, IY24 - 0.4 mm central electrode with 0.7 mm gap size, the 
central electrode is made of Iridium and heating range of 8 (comparable to NGK 
range) 
b) NGK IX Iridium – 0.6 mm central electrode with Iridium central electrode, heat rating 
number 9 
c) NGK E-EH – semi-surface discharge nickel alloy central electrode with 11 heat rating 
number  
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Long electrode spark plug 
Figure 31 illustrates the pre-chamber, 8 mm spark plugs, modified spark plug and the 
12mm spark plug. The modified spark plug is a manufactured 8 mm spark plug with longer 
centre electrode. The modified long electrode spark plug has similar characteristic as the 
conventional 8 mm DENSO IY24 except for the central electrode length and ground location. 
The 2.5 mm diameter centre electrode is extended by 31.3 mm with 0.4 mm central electrode 
tip similar to the DENSO IY24 spark plug. The ground attached to the spark plug was 
replaced by the bottom of the pre-chamber which acts as the ground. The electrical energy 
from the centre electrode jumps across to the bottom of the pre-chamber and produces spark 
at the bottom of the pre-chamber. The gap of the spark plug is controlled by the length of the 
centre electrode. Based on experiences during the experiment, the spark gap of 0.6 mm is 
used; as this gap provides minimum breakdown voltage required for the spark formation.  
 
Figure 31, various spark plugs and pre-chamber for the experimental work 
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4.4 Analysis Technique 
4.4.1 Calculation for new engine volumes with pre-chamber 
With the application of the pre-chamber, a new combustion chamber volume needs to 
be calculated. The new engine volume with a short electrode spark plug is the summation of 
the engine volume and the pre-chamber volume while the total engine volume with the long 
electrode pre-chamber is the summation of the engine original volume and the pre-chamber 
with a deduction of the electrode volume. The engine volume with a short electrode pre-
chamber is 476.3cm
3 
while it is 476.2cm
3 
for the pre-chamber with the long electrode spark 
plug.  
4.4.2 Engine performance parameters 
The performance of each engine configuration is measured and compared based on the 
parameters mentioned below.   
The pressure data for the cylinder over the operating cycle of the engine can be used 
to calculate the work transfer from the fuel to the piston. A p-v diagram is a presentation of 
the cylinder pressure and corresponding cylinder volume throughout the engine cycle. The 
indicated work per cycle (per cylinder),      expressed in Equation 7 is obtained by 
integration of the curve to obtain the area enclosed on the p-v diagram 
Equation 7, Indicated work per cycle 
                               
The power per cylinder is related to the indicated work per cycle (the rate of work 
transferred by the in-cylinder gas to the piston) by Equation 8 where     is the number of 
crank revolutions for each power stroke per cycle (2 for four-stroke cycles and 1 for two-
stroke cycles) [57]. 
Equation 8, Indicated power per cylinder 
   
     
  
                         
The indicated values are used and presented in this project such as work per cycle or 
power to study and interpret the performance of the engine. Indicated quantities are used to 
classify the influence of the compression, combustion, and expansion processes on the engine 
performance [57].  
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While torque is a valuable measure of a particular engine‟s ability to produce work, it 
depends on the engine size. Mean effective pressure is a more useful relative engine 
performance measure which is independent to the engine displacement. Indicated mean 
effective pressure (IMEP) is obtained by dividing the indicated work per cycle,      by the 
cylinder volume displaced per cycle,   . The IMEP is a parameter that do not considers the 
effects of mechanical friction or the work required for piston movement and drive the 
camshaft and other engine accessories [82]. 
Equation 9, Indicated Mean Effective Pressure  
     
 (   )
  
 
In engine operation, the fuel consumption is presented as a flow rate – mass flow per 
unit time,  ̇  and the efficiency of an engine in using the fuel supplied to produce work is 
measured using a parameter called the specific fuel consumption. The Indicated specific fuel 
consumption(   ) shown in Equation 10 is a measurement of a specific fuel consumption 
based on in-cylinder pressure (ability of the pressure to do work). In similar desired power 
output, lower value of sfc is desirable as it means less fuel is used to produce the work. 
Engine efficiency is the ratio of work produced per cycle to the amount of fuel energy 
provided that can be released in the combustion process. The fuel energy that can be released 
during combustion in a combustion chamber is given as multiplication of the mass of fuel 
supplied to the engine per cycle and the lower heating value,      of the fuel which define 
the fuel‟s energy content. This fuel conversion efficiency,    is expressed in Equation 11 
where   is the mass of fuel introduced per cycle [57] 
Equation 10, specific fuel consumption of an engine 
    
 ̇ 
 
 
Equation 11, engine fuel conversion efficiency  
   
  
      
 
 
 ̇     
 
 
The substitution of P/ ̇  from Equation 11 gives the relationship of indicated thermal 
efficiency and specific fuel consumption shown in Equation 2.  
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Volumetric efficiency is the effectiveness of an engine‟s induction process. The term 
of volumetric efficiency is only used in four stroke engines which have a separate induction 
process. It is define as the volume flow rate of the air into the intake system divided by the 
volume displaced by the movement of piston or alternatively the mass of air entered into the 
cylinder per cycle expressed as; 
Equation 12, volumetric efficiency 
   
  ̇ 
       
 
  
      
 
where      is the inlet is air density and    is the mass of air inducted in the cylinder per 
cycle. 
4.4.3 Cyclic combustion variations (CCV) 
CCV (Cyclic combustion variations) is an inevitable phenomenon in spark ignition 
engines which affects fuel economy and emission performance. There are plenty of factors 
that cause CCVs in ICE including the fuel supply system, the intake, exhaust and ignition 
system and the combustion chamber structure. When observing cylinder pressure versus time 
measurements in spark ignition engine, variations exist on cycle-to-cycle basic for successive 
operating cycles. Since cylinder pressure is related to combustion process, similar variations 
occur in combustion process on cycle-to-cycle basic. These variations are not only occurring 
in individual cylinders but also varying from cylinder to cylinder in multicylinder engines. 
Three factors which influence this variation are 1) variation of gas motion in the cylinder 
during combustion 2) variation in the amount of fuel, air and recycled exhaust gas provided 
to the cylinder 3) variation in mixture composition within the cylinder for every cycle – 
mainly near spark plug [57]. 
In spark ignited engine, cycle-by-cycle combustion variations are apparent from the 
beginning of combustion process. This event in spark ignition engines is important for two 
reasons. Firstly, as the optimum spark timing is set for an “average” cycle, faster than average 
cycles experience advanced timing and slower than average cycles experience retarded 
timing causing losses in power and efficiency. Secondly, engine operation is limited by the 
extreme of the cyclic variations. Two common problems in ICE, knock and incomplete burn 
are highly related to this variation. The fastest burning cycles with over-advanced spark 
timing have a higher chance to knock while the slowest burning cycles with retarded spark 
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timings are most likely to burn incompletely. Therefore, these cycles plays a big role in 
determining a practical lean limit of the engine [57].  
4.5 Measurement Uncertainty and Error Sources 
Whilst all experiments were treated with care, as with any measurements, conceivable 
sources of error do exist. A brief summary of the uncertainty approximation is provided 
below with the main error sources described.  
 
All the engine testings were conducted throughout the year. The ambient temperature 
was maintained constant and whilst air conditioner was set to control and maintain the 
ambient temperature of 20 ℃, the ambient temperature varies from 20 – 25 ℃ during the 
change of season. This variation in ambient temperature and pressure may cause variations in 
the output readings. . A higher ambient temperature creates slightly less denser intake air  
directly affecting the power and thermal efficiency of the engine [83]. This discrepancy was 
minimised through the averaging of the experimental results for three data sets.  
 
For the fuel used in the testing, natural gas was supplied by the commercial supplier 
through the pipeline from Wollert, Victoria and the compositions such as the Methane 
number, Wobbie Index, energy content and Methane Octane Number varies throughout the 
year which directly impacting the specific heat and molar mass of the fuel. For the duration 
of the engine testing, the values of Wobbie Index ranges from 47.4 to 49.5, MON with the 
minimum value of 129.4 to the highest value of 132.04, the energy content ranging from 
44.26 MJ/kg to 46.69 MJ/kg , the Methane number ranging from 83.57 to 87.41 [84]. In the 
output calculation, only the energy content was considered which affect the indicated thermal 
efficiency calculation. This variation may cause slight discrepancy in the performance of the 
engine.  
 
For the data acquisition, the reading of importance parameters were recorded and 
calculated by the AVL Indicom where the formulas were provided by the operator. The 
reading from Indicom might contribute to the uncertainty of engine data during the engine 
testing. Data such as TDC value, compression ratio, engine geometry, throttle position, spark 
and injection timings were entered by the operator. For the mass flow rate of the fuel 
measurement, the output mass flow on the Coriolis meter was taken from the digital display 
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with 0.01g/s accuracy. The readings of the mass flow rate over 300 cycle were recorded 
manually when the readings were stabilised. The readings were taken after three minutes of 
the desired test point or at the stable point.  The final measurements were based on the 
average of three values taken after the 300 cycles. The average of the three set of data were 
taken to ensure repeatability and accuracy of the outputs such as torque, mass flow rate, 
lambda, combustion duration and heat release.  
  
4.6 Chapter Summary  
The experimental method chapter has outlined the engine development, approaches, 
instrumentation, control system and data processing involved in conducting reliable 
experiments. The definition of injection strategies has been outlined and two ignition 
configurations used were described for both spark ignition and pre-chamber jet ignition 
system. The jet ignition device, a novel pre-chamber, has been illustrated detailing important 
parameters including dimensions and orientation of the pre-chamber in the engine. 
Uncertainty and error sources are discussed where potential discrepancies defined with full 
disclosure. It is believed that the errors and uncertainty is insignificant for the engine analysis 
conducted herein.  
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5. Experimental Results and Analysis 
5.1 CNG Direct Injection  
5.1.1 Early and Late Injection at World Wide Mapping Point  
As combustion characteristics are largely dependent upon the variation of the time 
where fuel is injected, combustion duration and lean limit can be improved by varying the 
injection timing which influences the volumetric efficiency and ultimately affects the 
performance [8]. The effects of varying of injection timing and injection duration during 
combustion are examined in this work to show the performance between different 
combustion strategies.  
In this study, the effects of injection timing were investigated in a direct injection of 
CNG. Engine is operating at World Wide Mapping Point (WWMP) at 1500 rpm, 3.3 bar 
IMEP. Two terms are used; early and late injection. The start of early injection ranges from 
420 to 540 degrees CA while the start of late injection is defined as fuel injection during 
intake valve closure and/or after valve closure (540 to 630 degrees CA). Although the 
acceptable combustion coefficient of variation of IMEP (COVIMEP) limit for a commercial 
engine is 3% but for the purpose of this study, the COVIMEP of less than 10% is considered a 
stable combustion and all data taken in this experiments were for COVIMEP less than 10% and 
the 50% mass burn were maintained at 8-10 degrees after top dead centre. 
  
Figure 32, variation of combustion coefficient of variation over various lambda with the start of injection for 
direct injection CNG engine at 1500 rpm 3.3 bar IMEP 
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Figure 32 presents the coefficient of variation of IMEP for CNG direct injection over 
various fuel injection timings. The fuel injection of later than SOI 630 (retarded timing of less 
than 90 degrees before TDC) causes an unstable combustion even at the stoichiometric 
condition with the COVIMEP of more than 15% being observed, therefore it was not recorded. 
This behaviour was observed due to the limited ability of the GDI injector to mix fuel with 
oxidant in the short period available before the spark. Combustions are more stable for low 
lambda where for the early and late injections, the COVIMEP produced were less than 2%. As 
the mixture become leaner, the combustion variation is more apparent due to the decrease of 
rich mixture near the spark plug causing poor combustion stability [24, 32]. As can be seen in 
Figure 32, the combustion stability is not affected by the variation of injection timing for rich 
mixtures particularly for lambda 1 – 1.2.  However oppositely it is very dependent on the start 
of injection for leaner mixtures where only late start of injection permits stable combustions 
for lambda 1.65 – 1.8.   
 
Figure 33, variation of injection timing for a stable lean combustion over various lambda with the start of 
injection for direct injection CNG at 1500 rpm 3.3 bar IMEP 
 
Referring to Figure 33, for leaner mixture (lambda >1.6), stable combustions with a 
COVIMEP of less than 10% are only achievable with the late injection which is 90 degrees 
before TDC. With the late injection, fuel was injected when the intake valves are fully closed; 
consequently the momentum from the fuel injection by the GDI mixes the mixture well in the 
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cylinder and provides ignitable mixture in the combustion housing. For leaner mixtures, the 
earlier than injection timing of earlier than 630 degrees CA produced the COVIMEP of more 
than 15%. This is because when the fuel is injected during the intake valves opening which 
replicating the port fuel injection, it produced more diluted mixture near the spark plug 
resulting in ignition difficulty including misfire which reflected by the higher COVIMEP 
values. It can be concluded that the lean combustion limit for CNG direct injection is highly 
dependent to the fuel injection timing [23]. 
The combustion performance of different combustion mixture dilution is presented in 
the indicated thermal efficiency plot shown in Figure 34. There is no significant influence of 
the start of injection timing for the indicated thermal efficiency. The slight decrease of the 
thermal efficiency after SOI 540 for lambda 1 – 1.4 is observed because a slight decrease in 
the MAP value shown in Figure 35 causing the cylinder to use additional work during the 
compression stroke. However, it can be seen that the indicated thermal efficiency increases as 
the mixture gets leaner [28]. This can be explained through the high manifold absolute 
pressure values for the higher lambda as illustrated in Figure 35. As less fuel is injected for a 
leaner combustion, more throttle opening is required to displace the fuel to maintain similar 
output (3.3 bar of IMEP). Higher MAP values reduce the pumping losses in the engine, yet 
producing higher thermal efficiency [27]. Interestingly, the trend for the lean mixture is not 
followed by lambda 1.8 as the indicated thermal efficiency decreases due to the high 
COVIMEP of the late injection presented in Figure 32.  
 
Figure 34, variation of indicated thermal efficiency over various lambda with the start of injection for direct 
injection CNG engine at 1500 rpm 3.3 bar IMEP 
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Figure 35, variation of intake manifold pressure over various lambda with the start of injection at 1500 rpm 3.3 
bar IMEP 
 
Figure 36, variation of spark advance over various lambda with the start of injection at 1500 rpm 3.3 bar IMEP 
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requires more advanced spark timing due to the slower flame kernel development and the 
effect of injection timings on spark timing is more apparent for early rather than the late 
injection.  
The effect of injection timing is clearer for the combustion duration in Figure 37. Fast 
combustion occurs between SOI 570 and SOI 600 degrees CA over the lambda values except 
for the lambda 1.6 and higher. The combustion is improving as fuel is injected closer to the 
top dead centre until after SOI 600 where the combustion takes longer. As we can see in the 
MAP graph (Figure 35), late injection produced a slight decrease in the MAP value, 
increasing the pumping losses and causing a slight decrease in the thermal efficiency. Longer 
combustion duration for lambda 1.7 is expected as the COVIMEP is on the high side of the 
limit, similarly for lambda 1.8. Although the pumping losses are reduced with the higher 
MAP value, the effects of variation in the combustion outweigh the advantage contributing to 
the drawback in the thermal efficiency.  
 
Figure 37, variation of combustion duration over various lambda with the start of injection at 1500 rpm 3.3 bar 
IMEP 
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From the early and late injection study on the performance of direct injection CNG engine, 
few conclusions are drawn. 
1. It is possible to extend the lean limit with late injection. However, for leaner than lambda 
1.8, the injector (Bosch GDI) is not capable to produce the amount of fuel required with 
shorter amount of injection timing.  
2. The early injection timing during intake stroke reduces the potential of direct injection. 
Pumping losses are eliminated with injecting the fuel during and after the intake valves 
closure. 
3. Indicated thermal efficiency increases as with lambda. At the lean limit point (lambda 
1.8), the thermal efficiency deteriorate due to the high combustion variation due the 
ability of the injector to provide limited fuel in a short period of time.  
4. For this particular engine, the momentum from the fuel injection by the GDI mix the 
mixture well in the cylinder and provide ignitable mixture for lean combustion. However 
with the narrow bowl piston, a fully stratified charge in the cylinder is not possible as the 
fuel is hitting the piston during fuel injection at high pressure. 
5. The optimum start of injection timing is found to be SOI 570 to SOI 600 for lambda 1 to 
1.4 and SOI 630 for the mixture of leaner than 1.6.  
6. The potential of late injection strategy in direct injection of CNG is demonstrated by 
extension of the lean limit from lambda 1.6 to lambda 1.8 due to the combination of  
injection momentum  from the injected fuel.  
5.1.2 Early and Late Injection at Wide Open Throttle (WOT) 
After running the experiment for 31.25 seconds at 1500 rpm WOT and obtaining 300 
cycles, the Indicated Mean Effective Pressure (IMEP) can be seen in Figure 38. 360 degrees 
CA is the angle where the piston starts the intake stroke. The increase of IMEP observed by 
the different injection timing which the increase is associated with the late injection after the 
intake valves closure is due to better fuel atomisation, an increase in the mixture pressure 
inside the combustion housing and the increase of the volumetric efficiency [24, 27, 43]. 
With retarding the injection timing starting from 30 degrees CA ABDC, the IMEP slightly 
reducing due to the valves overlapping issue. Valve over lapping issue can be seen in Figure 
29 where the intake valves are closing too late during the intake stroke. The longer opening 
time of the intake manifold valves causing the high pressure fuel injected from the DI flowed 
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to the head the piston crown and bounce out from the cylinder. Therefore, the results 
presented in Figure 38 are reflecting the issue of over lapping at certain crank angle. 
 
Figure 38, variation of IMEP with the start of injection at stoichiometric, 1500 rpm wide open throttle 
 
Figure 39, variation of coefficient of variation with the start of injection at stoichiometric, 1500 rpm wide open 
throttle 
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injection timing was applied at around 30 degrees CA after BDC raising up to 120 degrees 
CA after BDC. This jump on result at the point when injection starts around 60 degrees CA 
BTDC indicates that the maximum of 6% variation will occur. At injection timing starting 
from 60 degrees CA BBDC at intake stroke to 150 degrees CA BTDC, the COVIMEP is 
between 0.5 to 1% which indicates more stable combustion are happening. The injection 
timing starting from 150 degrees CA BTDC to 120 degrees CA and continuing 90 degrees 
CA BTDC shows that combustion performance of experimental results are reducing at pick 
up 140 degrees CA BTDC. High combustion variation is observed due to the lack of engine 
performance from poor fuel mixture in combustion housing as a result of wrong valve 
overlap and loosing fuel mixture at combustion stroke (Figure 29). This graph also validates 
the main concept of operating the internal combustion engine with DI fuel system using 
CNG. 
 
 
Figure 40, variation of indicated thermal efficiency and combustion duration with the start of injection at 
stoichiometric, 1500 rpm wide open throttle 
 
Graph shown in Figure 40 defines the different thermal efficiency as a result of 
different injection timing in different crank angles. Thermal efficiency changes for injection 
timing starting from 60 degrees CA BBDC to 120 degrees CA BTDC is less than 1% which 
can be neglected due to very minimal COVIMEP (0.002%). These data can be seen on above 
graph.  
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According Equation 13, the thermal efficiency is related to the expansion ratio in 
internal combustion engine where Q1 is the heat absorbed at the start of combustion where the 
pressure rises up and Q1-Q2 is the work done. For any heat engine such as internal 
combustion engine the work which can be extracted is proportional to the difference between 
the starting pressure and the ending pressure during the expansion phase. In this experiment, 
the best thermal efficiency was around 30 degrees CA BBDC to 150 degrees CA BTDC. This 
reflects to the results obtained in Figure 38 in accordance with injection timing in different 
crank angles. 
Equation 13, thermal efficiency in ICE 
  
         
             
 
     
  
 
  
Combustion duration is shown in Figure 40. In fact, combustion duration started 
reducing with injection timing getting more close to TDC. In other words, the lowest 
combustion duration was obtained at fuel injection started at150 degrees CA BTDC where 
the maximum torque was measured as well as maximum thermal efficiency started to reduce. 
By observing the fact that fuel injection starting at 90 degrees CA BTDC increases the 
combustion duration by 7 degrees crank angle, it also resulted in lower thermal efficiency and 
lower output. By observing the results of fuel injection at 150 degrees CA BTDC, the 
minimum combustion duration and maximum torque are obtained, this experiment and its 
results for thermal efficiency and combustion duration validated the fact that best injection 
timing required is about 150 degrees CA BTDC.     
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Figure 41, variation of injection duration and spark advance with the start of injection at stoichiometric, 1500 
rpm wide open throttle 
 
The experiment results in above Figure 41, indicates that injection starting at 60 
degrees CA BBDC in intake stroke required higher ignition advance and lower injection 
duration as the fuel mixture is mixed with air in a longer period of time and the mixture will 
have enough time to mixed homogeneously. This trend is seen to have the same direction in 
terms of increasing injection duration when the injection starts at about 150 degrees CA 
BTDC and ignition advance requirements is about 12 degrees CA BTDC. In fact, when 
injection starts at 150 degrees CA BTDC, the injection duration required is at maximum to 
provide the maximum output. The big drop on the ignition timing occurs when the injection 
starts at 120 is due to the engine valve overlap. This experiment was completed at MBT with 
50% mass fuel burn at 8 - 10 degrees CA after TDC at a compression ratio of 10.5.Therefore, 
for the same condition injection duration and ignition timing needed to be changed depending 
on the injection timing angle to obtain the similar experiment output. 
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5.2 CNG Jet Ignition  
The potential of the injection strategy has been illustrated in the previous study. In 
this work, another high potential ignition system; jet ignition pre-chamber is tested. The 
combination of fast burn of pre-chamber and low pumping losses by direct injection are 
tested and analysed in this chapter.  
CNG Jet ignition chapter flow: Experiment started with short electrode spark plug using 
1.3mm and 1.5mm orifice diameter for CNG DI testing at 1500 rpm WWMP and WOT using 
start of injection (SOI) sweep between SOI 450 to SOI 630. At WWMP operating point, none 
of the testing produces an acceptable COVIMEP across the SOI and lambda. At WOT 
operating condition, the PC were working and the results were then plotted against the 
normal spark ignition. However, PC was not performing as well as the baseline (conventional 
spark plug). This is due to the experimental design of pre-chamber system and poor 
distribution of fuel inside the chamber to be ignited properly. 
To improve the ignitability of the mixture in the spark plug, long spark electrode was used. 
With longer spark electrode, combustion is happening for both WWMP and WOT. Both 
1.3mm and 1.5mm holes were tested against normal spark plug. At lambda 1, WWMP, 
1.3mm is performing better (producing similar thermal efficiency as baseline). Late injection 
using this ignition system is not possible as air and fuel have less time to mix before pushed 
into the pre-chamber. At lambda 1.2, both 1.3mm and 1.5mm are performing better than 
conventional spark plug especially during late injection except for SOI 480 where this point 
is not favourable.  
5.2.1 Pre-Chamber with Short Electrode Spark Plug 
Experiments were conducted on a SCRE with similar configuration. At World Wide 
Mapping Point (3.3 IMEP), all the testing for short electrode pre-chamber produced 
unacceptable COVIMEP value where the engine variation reached 30% for all start of injection 
timing, at various lambda. Therefore, none of the data are either saved or presented. For the 
WWMP, with a narrow pre-chamber design, area around the spark plug electrode is full with 
EGR with poor scavenging of residual in the pre-chamber every cycle causing the high 
COVIMEP in pre-chamber application. This observation will be discussed in the next chapter 
where the in-cylinder flow of the pre-chamber will be study using computation fluid 
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dynamics tool. Combustion at lambda 1 at Wide Open Throttle (WOT) condition shows 
comparable results and presented in Table 8. 
Table 8, Experimental comparison of spark ignition and pre-chamber jet ignition at 1500 rpm, Wide Open 
Throttle 
Start of Injection (SOI) 
(Firing TDC at 720) 
420 450 480 510 540 570 600 630 
Coefficient 
of Variation 
(COVIMEP) 
Spark ignition 0.76 0.56 0.88 0.52 0.50 0.44 6.11 1.66 
PC – 1.3 mm 1.80 1.26 1.66 1.50 6.26 - - - 
PC – 1.5 mm 2.30 3.15 1.67 2.18 - - - - 
Indicated 
Thermal 
Efficiency 
Spark ignition 35.30 35.60 35.60 35.70 35.40 35.60 35.20 34.00 
PC – 1.3 mm 34.65 35.10 35.29 35.39 34.70    
PC – 1.5 mm 35.10 35.14 35.51 35.21 - - - - 
Indicated Mean 
Effective 
Pressure (IMEP) 
Spark ignition 8.61 8.69 8.70 9.09 9.12 9.43 9.34 9.04 
PC – 1.3 mm 8.52 8.55 8.65 8.99 8.97 - - - 
PC – 1.5 mm 8.54 8.50 8.67 8.99 - - - - 
Combustion 
Duration  
Spark ignition 30.45 29.09 27.05 26.77 26.66 26.60 26.96 32.90 
PC – 1.3 mm 30.50 31.07 28.10 27.87 26.78 - - - 
PC – 1.5 mm 31.28 28.15 27.96 26.57 - - - - 
 
Based on Table 8, it can be concluded that the pre-chamber with short electrode spark 
plug showed no improvement in terms of combustion performance with lower indicated 
thermal efficiency, IMEP and longer combustion duration as compared to spark ignition. 
With the location of ignition source further away from the orifices (at the top of the pre-
chamber volume) and the residual gas fraction trapped from previous combustion cycle [64], 
combustion is less stable than baseline spark plug. During the closure of intake valves, the 
pre-chamber is filled with exhaust gas from the previous combustion cycle and fresh air 
enters the pre-chamber during compression resulting in higher residual gas fraction in the 
pre-chamber compared to the cylinder [64]. This causes the high combustion variation in the 
pre-chamber with short electrode spark plug.  
 When comparing the combustion variation of pre-chamber and spark ignition, the 
combustion stability declined with retarded fuel injection timing (SOI >540 and SOI >510 for 
1.3 mm and 1.5 mm PC) which produce COVIMEP of more than 10% (dashed - data are not 
recorded and presented). This is due to insufficient time for fuel and air mixing in the 
combustion housing and the lack of timing for the fuel to reach the top of the pre-chamber 
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during compression stroke. With 1.5 mm PC, during compression stroke, bigger area of the 
orifice reduces the fuel/air flow velocity into the pre-chamber resulting in smaller injection 
timing window for a stable combustion. More time is needed with the lower velocity of 
mixture pushed into the PC therefore high combustion variation is observed when fuel in the 
main chamber is injected later than SOI 510. 
The experimental results of CNG direct injection with a short electrode spark plug in 
the pre-chamber shows that at low load, very lean or bad fuel mixture distribution at the area 
of the spark makes a stable combustion not possible. Different remark is seen for 1500 rpm at 
WOT condition where sufficient fuel near the spark allows proper combustions for the pre-
chamber however pre-chamber application showed no improvement or performing worse 
than the spark ignition baseline. The ignitability issue of the short electrode spark plug in the 
pre-chamber is overcome with a longer electrode spark plug, providing a closer to orifice 
ignition source to the mixture in the pre-chamber which is discussed in the next section of 
this chapter.  
5.2.2 Pre-chamber with Long Electrode Spark plug  
Results for the experimental studies for longer electrode spark plugs are presented in 
this section. The 50% mass fraction burn location (CA50) was set to be at 8 – 10 degrees CA 
BTDC across the entire tests. With long electrode spark plug, the performance of the pre-
chamber was evaluated on World Wide Mapping Point (WWMP) at 1500 rpm, Lambda 1 and 
Lambda 1.2 across various fuel injection timings.  For the longer spark plug electrode, the 
combustion and testing of the pre-chamber at part load condition produced comparable data. 
The start of injection was varying from early to late injection; defined as during the intake 
valve close and when the valves are completely closed. The experiment started with varying 
the injection timing at stoichiometric condition. In this study, two orifice diameter sizes were 
used, 1.3 mm and 1.5 mm with the same nozzle orientation.  
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Figure 42, variation of combustion coefficient of variation with the start of injection for 1.3mm, 1.5mm pre-
chamber and conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1 
 
From Figure 42, the application of the pre-chambers was limited to a certain window 
of SOI. The 1.5 mm hole diameter pre-chamber allows a slightly bigger window for a stable 
combustion ranging from SOI 450 – SOI 630 while for the 1.3 mm pre-chamber, with the 
start of injection earlier than SOI 480 or later than SOI 600 it produces the coefficient of 
variation of more than 15%. For the 1.3 mm pre-chamber, the injection limit was 120 degrees 
CA BTDC while for 1.5 mm pre-chamber and spark ignition was 90 degrees CA BTDC 
before the combustion became unstable. The effect of an increase of the COVIMEP value from 
0.5% to 1.5% at SOI 630 for 1.5 mm pre-chamber can be seen in the indicated thermal 
efficiency drop by approximately 1% shown in Figure 43. The overall indicated thermal 
efficiency of 1.3 mm pre-chamber shows a slight increase of over 1% with the variation in 
start of injection.  
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Figure 43, variation of indicated thermal efficiency with the start of injection for 1.3mm, 1.5mm pre-chamber 
and conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1 
 
Over the injection timing sweep, the trend of the reduction in the intake manifold 
pressure illustrated in Figure 44 is expected because at the same speed and load, with the 
retarded injection timing, more throttle opening is required. After the SOI of 600, with a 
higher COV value, the combustion deteriorated resulting in more air and fuel to be injected to 
maintain the low combustion of variation. 
 
Figure 44, variation of manifold intake pressure with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1 
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The combustion duration (10-90%) for spark ignition and jet ignition in Figure 45 
followed a similar trend with an optimum timing observed at SOI 570 before the combustion 
duration increases at later injection timings. The effect of the combustion duration can also be 
seen from Figure 43 where at later timing where the increase in the combustion duration 
reduces the thermal efficiency.  
 
Figure 45, variation of combustion duration with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1 
 
 
Figure 46, variation of exhaust temperature with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1 
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When comparing the exhaust temperature illustrated in Figure 46 of the three 
configurations, the 1.5 mm hole pre-chamber produces lower exhaust gas temperature 
followed by 1.3 mm pre-chamber and spark ignition. At the same load condiiton, this low 
values in exhaust temperature for pre-chamber indicates that more heat losses were 
experienced in the pre-chamber application as there is no signficant inprovements in the 
thermal efficiency. The pre-chamber surfaces provides additional contact area for the heat to 
be transfered thus lowering the indicated efficiency. The spark advance data for different 
injection timings is plotted in Figure 47. According to the graph, the lowest advance timing 
registered at the start of injection of around 120 degrees CA BTDC with all three ignition 
systems having similar results. Later on it has been found that because of the prototype 
design of the pre-chamber, there is a very lean mixture in the pre-chamber volume along with 
the combustion residual from previous cycle causing the results to be similar for the three 
different ignition systems without significant improvement in the jet ignition system.  
 
Figure 47, variation of spark advance with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1 
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Conclusion:  
1. Results suggest that the mixture formation of early injections (similar to port fuel 
injection) is not applicable for the pre-chamber. The optimum window for a stable 
combustion is reducing with a smaller pre-chamber holes due to less homogeneous 
air/fuel mixture enter the pre-chamber volume through the orifices during the 
compression stroke. The air‟fuel mixture in the pre-chamber is dependant sorely to 
the main chamber mixture condition before entering the pre-chamber.  
2. For pre-chamber application, retarding the fuel injection left less time for the mixing 
of the fuel and air in the combustion chamber.  
3. For this particular configuration, 1.3 mm performs better than 1.5 mm hole however 
insignificant improvement (~ 1%) was seen in terms of indicated efficiency as 
compared to spark ignition.Only slight increase observed in the indicated thermal 
efficiency of the pre-chamber as compared to the normal spark ignition was due to the 
heat losses of the surfaces of the pre-chamber during combustion as can be explained 
through the exhaust temperature data.  
4. The combustion of the pre-chamber design is improved by having the ignition source 
closer to the orifice which improved the ignitability of the mixture in the pre-chamber 
at low load however, the narrow pre-chamber volume design caused heat losses as the 
hot gasses traveled before entering the main chamber.  
5. Further modifications can be made to offer sufficient fuel/air mixture in the pre-
chamber to achieve better results, such as having a wider chamber orifice angle, 
different piston crown shape, multiple fuel injections and even additional fuel line in 
the pre-chamber (active jet ignition).  
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4.4.1 Study of injection timing for Pre-Chamber with Long Electrode 
Spark Plug for lambda 1.2 at WWMP 
This section is describing the experiments as a result of leaner mixture to understand the main 
effect of DI injection. Therefore, lambda 1.2 at WWMP experiment results is illustrated as 
follow in Figures 48 to Figure 52. 
 
Figure 48, variation of combustion coefficient of variation with the start of injection for 1.3mm, 1.5mm pre-
chamber and conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1.2 
 
 
Figure 49, variation of indicated thermal efficiency with the start of injection for 1.3mm, 1.5mm pre-chamber 
and conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1.2 
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Figure 50, variation of combustion duration with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1.2 
 
Figure 51, variation of spark advance with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1.2 
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Figure 52, variation of exhaust temperature with the start of injection for 1.3mm, 1.5mm pre-chamber and 
conventional spark plug at 1500 rpm 3.3 bar IMEP, lambda 1.2 
 
 
As a conclusion, for lambda 1.2 at WWMP, the resualts of experiments are similar to 
lambda 1. In fact, the main aim of this study is to prove the effeciancy of DI CNG for internal 
combustion engine. In the other word, if the prototype design was up to standard for this 
experiment, better resualts would to be obtained with DI injection system using turbulent jet 
ignition system. In tis experiment, as result of fuel starvation inside the pre-chamber and 
lossing mixture via intake manifold valve because of wrong valve overlaping, results are 
similar. In the further studyies with optimized design, this problem can be resolved and better 
output and more efficiant results can be achieved. 
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6. Numerical Model Development 
The experimental results showed that the fuel injection after the intake valve closes 
benefits in extending the CNG lean limit at a constant engine operating condition. The 
coupling of the pre-chamber, which is popular in heavy duty stationary gas engines, in a 
direct injection naturally aspirated 0.5 litre engine showed an insignificant improvement, due 
to the design restrictions of the pre-chamber. 
Recently, simulation and computer aided software have gained increasing confidence, 
especially in the engine development process. With selective coupling  being utilised in 
various simulation tools for engine development, it is feasible to obtain a comprehensive 
understanding of the thermodynamic and chemical processes that affect the engine 
performance and emissions [86]. Examples of these include a working process analysis that 
focuses on the engine operating cycle (thermodynamic approach) and a 1D- flow-model and 
3D-CFD-simulations (analysis of the fluid motion). This numerical method‟s capability and 
reliability has developed into an important path towards virtual development in internal 
combustion engines. 
In this section of the work, an advanced understanding of the injection and pre-
chamber behaviour during the experiment is achieved through numerical analysis. An 
investigation of the fuel injection and mixture formation, based on the experimental 
conditions, are conducted using a 3D CFD simulator, AVL FIRE, to validate the conclusion 
and observation produced.  
6.1 Introduction 
6.1.1 Underexpanded jet 
         The combustion and mixing of a gaseous fuel is dependent on the flow formation.  The 
low density of natural gas hinders its mixing ability in the combustion chamber, but using a 
high injection velocity produces low fuel penetration. To obtain a similar energy content as 
liquid fuel, high pressure rail up to 200 bar is used for natural gas, especially in direct 
injection application. The higher pressure of CNG enhances the turbulence level, this 
contributing to faster flame speed and overall fuel-air mixing [49, 87]. In a direct injection of 
CNG engine, fuel is injected at a high pressure up to 200 bar into approximately 2 bar at both 
closures of the intake and exhaust gas. Very high-pressure ratios between the fuel rail and in-
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cylinder causes under-expanded flow near the nozzle exit, resulting in supersonic conditions 
near the exit and undergoes shock-expansion waves downstream of the exit. 
 The key parameter in determining the flow type at the nozzle throat are pressure ratio 
and the nozzle geometry [88]. In a gaseous fuel injection, when the upstream pressure of a 
nozzle is higher than a threshold value (varying by the properties of the gas), the flow at the 
nozzle exit becomes choked. This pressure ratio is the critical pressure ratio for the nozzle, 
with the critical pressure ratio being 1.86 for an ideal gas with a specific heat ratio of 1.35.  
To comprehend the concept of gaseous jet, we can consider the flow to be steady and 
isentropic; thus, the effects of friction or heat are neglected. For isentropic flow, the condition 
at the reservoir and nozzle exit is given at the minimum throat area where the mass flow rate 
is maximum and Mach number is 1; 
 
Equation 14, Isentropic critical nozzle exit pressure [89] 
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Equation 15, Isentropic critical nozzle exit temperature [89] 
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Equation 16, Isentropic critical nozzle exit density[89] 
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where W and R are the molecular mass of the fluid through the nozzle and the universal gas 
constant. Birch et al. [90] had proposed a simplified isentropic model for underexpanded 
compressible jets that integrate a pseudo-nozzle diameter imitating the classical theories 
described in Figure 53 . In this model, it is assumed that there is no mixing in the first shock 
formation region and mass conservation is employed.   
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Figure 53, Classical theory for pseudo-nozzle diameter [90] 
Based on Birch‟s model, the condition downstream at the local of the pseudo-diameter is 
given as; 
 
Equation 17, Pseudo-diameter representation [90] 
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where    is the discharged coefficient,    is the velocity at the nozzle and     is the velocity 
at the upstream pseudo-diameter location respectively. The nozzle velocity can be presented 
as in Equation 18.  
Equation 18, nozzle velocity 
 
Where R is the universal gas constant, M is the molecular weight.  
 
For isentropic choked flow, the mass flow rate through a nozzle can be calculated from 
Equation 19. 
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Equation 19, mass flow rate at isentropic chocked conditions [91]. 
 ̇         
√  
   
(
 
   
)
   
   
 
where    and    are Injection pressure and temperature, M is molecular weight of the fuel,   
is the specific heat ratio of the fuel,    is the flow area and R is the universal gas constant.  
Experimental observations by Ouellette, P. [92] showed that for a fully turbulent flow with 
Reynolds number of 5x   , jet penetration rate of gaseous jet follows a linear dependency on 
the square root of time, which obey a ¼ power dependency on time. Jet penetration in direct 
injection of gaseous jet can be expressed using a momentum conservation argument to 
establish the expression;  
Equation 20, Gaseous jet penetration [93] 
  
(   ̇   )
   
    
   
where    is the penetration rate at the nozzle,  ̇  is the momentum injection rate at the 
nozzle,    is the density in chamber, t is the time from the start of injection and  
  is a constant with a value of 3.0 ± 0.1 for turbulent jets from round nozzles. The expression 
is applicable for a wide range of application including both incompressible and compressible 
jets; underexpanded, sonic and subsonic flow.  This equation is valid for free jets (no wall 
contact), jet Reynolds number greater than 3x   , for times shorter than the injection 
duration and for distance more than about 20 nozzle diameters[93]. The expression states that 
the penetration is dependent on momentum injection rate and not directly dependent on 
injection pressure, velocity or nozzle diameter. Equation 20 can be also presented as the 
following form (Equation 21), showing the similarity length and time scales employed: 
Equation 21, jet penetration  
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where the equivalent diameter,      is  
                                                      √
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   is the nozzle diameter,    is the velocity and    is the density of the injected gas at the 
nozzle [94]. This equation provides the understanding of the effects of engine operating 
parameters on gaseous jets penetration.  
 
6.1.2 Numerical Model for gaseous jets 
The mixing of gaseous fuels has different characteristics and behaviour from liquid 
fuels, especially in direct injection applications.  Moreover, with the high pressure of fuel 
injection in a gaseous fuelled engine, it is imperative to understand the transient behaviour of 
the fluid mixing process in the cylinder. Although there has been rapid developments in 
computer performance over the past two decades, simulation of a reliable “virtual engine 
development” remains one of the greatest challenges [13]. This is greatly due to the length 
scale difference, with the order of 100 between the nozzle and the chamber dimensions, made 
it complex and time consuming. To determine the details of velocity profile at the nozzle exit, 
with an approximate scale 10 times smaller than the nozzle diameter, a scale difference of 
1000 may be required.  
Through profusely conducted simulations on high pressure natural gas fuel [13, 41, 
93], various approaches are available to model the injection of natural gas, using 
computational fluid dynamics tools. Chiodi et al [13] has successfully simulated gas injection 
with coarser meshes using the "fictive" gas droplet, combining the conventional Eulerian 
formulation, wherein charge in the cylinder is modelled as a continuum fluid, with the 
additional bubbles for the gas phase of Methane, using the Lagrange formula. The Lagrange 
formulation uses Discrete Droplet Method as a representation for a sample of many "fictive" 
gas droplets. Ra. Y et al. [95] has developed a method of modelling a transient gas jet using 
coarse grids and a hybrid combination of a theoretical jet and underexpension jet model. This 
model defines the turbulence length scale and turbulent kinetic energy near the gas jet exit. 
Simulating a single hole nozzle for a Hydrogen jet in multidimensional CFD, code KIVA3V, 
using this turbulence treatment could present the penetration of gas jet as compared to 
experimental data.  
To accurately predict the expansion dynamics of natural gas inside the injector and 
the spray produced directly downstream from it, the entire domain needs to be simulated, 
including the flow within the injector. However, computing a high pressure ratio injection 
flow requires fine meshes corresponding time steps and it is computationally expensive. The 
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injector movement may be simplified by keeping the injector needle at its maximum lift 
position during the entire injection period, as demonstrated by Kim et al. [96].  
Grid resolution is one of the key factors to accurately visualise the structure of 
gaseous jets, while simultaneously minimising the computational time. With the pressure 
gradient between the injection and in cylinder pressure, separate grids are required to capture 
the both the fuel injection and the mixing process. Authors [13, 41] used separate mesh size 
for the area near to the injector and the remaining of the combustion chamber, whereas a 
refined grid of the geometry is high in the injection area and coarser further away from the 
injection source, which allows separate analysis of the gas exchange and the fuel injection. 
A study of grid dependency across nozzle diameter by Chiodi et al. [13] and 
Yadollahi [97] investigates the effect of the number of grids over flow penetration and Mach 
disk location of Methane. Both observations agree that at least 10 cell layers are required 
across the nozzle diameter to accurately simulate CNG injection. To get an insight of the grid 
requirements for the underexpanded flow of compressible flow, a grid dependency study is 
conducted for a single hole injector. Grid sensitivity computations indicated that at least 10 
cells across the nozzle were required to eliminate the effect of grid size in the nozzle region 
[87, 88, 93]. For a high pressure ratio flow, the jet was fully expanded at a distance of about 
seven diameters down the nozzle exit and then subsonic velocity decay was observed [88]. 
This is the important area where a finer mesh is required to successfully capture the jet. 
6.1.3 Present work  
In this section, numerical method is utilised to further understand the in-cylinder flow 
motion and mixing phenomenon in the application of the pre-chamber in a direct injection of 
CNG engine. The combustion and performance of the pre-chamber in direct injection of CNG 
are to be analysed and visualised using AVL FIRE. The AVL FIRE code used is a general 
fluid flow solver employing the finite volume discretisation method, resting on the integral 
conservation statement, applied to a general polyhedral control volume. The solution 
algorithm employed enables flexibility in the usage of both structured and unstructured grids, 
consisting of polyhedral calculation volumes [98]. The software is specifically suited for 
internal combustion engine analysis, and provides the function of solving an arbitrary number 
of moving boundaries. Through the simulation, the experimental observations from the 
previous chapter were validated and explained. 
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6.2 Model Validation 
The accuracy of CFD simulation software is strongly dependent on its ability to 
predict the flow shape, turbulence intensity, velocity and penetration. In this section, two 
validation studies were conducted to determine the accuracy of AVL FIRE code on gaseous 
fuel flow; a) axial penetration of a supersonic underexpanded free-jet through a single nozzle 
methane jet into a CVC b) visualisation of underexpanded jet with higher nozzle pressure 
ratio (NPR).  
In this section, firstly, a grid dependency study was undertaken for a flow through a 
nozzle, and the axial jet penetration is then studied. The validation study continued with a 
visualisation of gas jet in AVL FIRE software as compared to the PLIF of Methane mixture 
at a higher injection to cylinder pressure ratio. The main purpose of this analysis is to verify 
and validate the AVL FIRE code in predicting underexpanded penetration and jet shape of 
gaseous fuel (CNG). The grid resolution and numerical setup for an engine simulation are 
then implemented for the full engine cycle simulation in the later chapter. 
6.2.1 Case 1 – Validation of Jet flow at low pressure ratio (Penetration) 
The flow penetration of Methane jet was compared with the work done by Ouellette 
& Hill [93] using AVL FIRE. Table 9 summarized the condition of the study. The geometry 
and boundary conditions are set according to these conditions. A single hole injector was 
modelled with a cylinder with a 0.5 mm diameter nozzle exit. Before the validation of the 
AVL code with gaseous jet axial penetration is conducted, a grid dependency study across the 
nozzle diameter is conducted using the test condition by Ouellette & Hill. The validation of 
jet flow at low pressure ratio is then conducted with the information obtained from the grid 
dependency study. 
Grid dependency study at the nozzle exit 
The geometry with the main features of the considered computational domain is 
represented in Figure 54. The dimensions are specified with the functions of the diameter of 
the nozzle exit,         of 0.5 mm. The fuel (Methane) enters the domain through a surface 
that represents the nozzle exit at Mach number M = 1. The value      was chosen to 
ensure a supersonic gas efflux as the fluid enters the discharge environment. Being the flow 
at the inlet (nozzle exit) supersonic, the velocity, temperature and turbulent kinetic energy are 
imposed as boundary conditions. The nozzle has a length of 10        as per Yadollahi et al. 
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[87], to avoid the computational instability. The computational domain extends 180         
in the jet axial direction, 40         in the direction lateral to the jet centreline and 10         
in the direction normal to the centreline. The mesh is composed of structured hexahedral 
element using topology function in AVL FIRE. The main domain and nozzle were connected 
through arbitrary connections. 
Table 9, Numerical condition for jet flow validation[93] 
 
 
 
 
 
 
 
 
 
 
 
Figure 54, main feature for grid dependency study across the nozzle diameter 
 
Chamber dimensions Radius: 20 mm 
Length: 90 mm 
Injection pressure,    
Injection temperature,    
15 MPa 
350 K 
Chamber pressure,    
Chamber temperature,    
5  MPa 
850 K 
Wall temperature,    450 K 
Nozzle diameter,   0.5 mm 
Injected mass 3.5mg 
𝑑𝑛𝑜𝑧𝑧𝑙𝑒 
   𝑑𝑛𝑜𝑧𝑧𝑙𝑒 
 8  𝑑𝑛𝑜𝑧𝑧𝑙𝑒 
  𝑑𝑛𝑜𝑧𝑧𝑙𝑒 
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In order to observe the grid requirements of underexpanded compressible flow, four 
grid resolutions were generated featuring 8, 10, 16 and 20 cells across the nozzle exit while 
the remaining of the nozzle was kept to have a constant grid size. Pressure boundary 
condition was used at the inlet to introduce the fuel while the domain exit was set as static 
pressure to allow continuous flow. Simulations were conducted for the duration of 1 ms. 
AVL FIRE was used to perform the engineering calculation applying an ideal gas equation of 
state and the k-zeta-f model is used for the turbulence. Table 10 summarises the operating 
condition and cell number across the injector. The downstream environment pressure is set as 
a static pressure of P0 = 5 MPa and the total temperature is set to be To = 850K while 
injection pressure is set to be Pn = 15 MPa.  
Table 10, grid resolution study condition 
Test Pn 
[MPa] 
P0 
[MPa] 
   
[K] 
Cell number    
1 15 5 850 8 1 
2 15 5 850 10 1 
3 15 5 850 16 1 
4 15 5 850 20 1 
  
Observation and discussion 
Figure 55 presents the CH4 mass fraction for the extreme conditions (test 1 and test 4) 
for the effect of number of cells across the injector diameter. At the beginning of the 
injection, the injection flow of test 1 across the injector produces higher axial penetration as 
can be seen in the first image of Figure 55 similar to the fuel mass concentration at 0.3 ms 
after the fuel injection. However, at t = 0.5 ms, both tests produce similar axial and radial 
penetration. This indicates that, eight cells across the injector diameter is able to produce 
similar results as the smaller grid size at the injector.  
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Figure 55, CH4 mass fraction at time, from top left: t = 0.1 ms, 0.3 ms, 0.5 ms, 0.6 ms after injection with the 
injection starts at t = 0, left to right: 8 cells across and 20 cells across.  
As eight cells across the injector found to be reliable to illustrate similar results as 20 
cells across the diameter, this mesh size is used for the validation process. The mesh 
composed of hexahedral elements with different compression factors (axial direction) across 
the domain, and an increase in element size further away from the course of fuel injection. 
This was done by the Topology function in AVL FIRE. Based on the observations from the 
previous section on the suitable grid size across the injector diameter for underexpanded 
flow, a grid size of eight cells across the injector diameter and 15 layers along the injector 
length was chosen for all of the simulation cases. Figure 56 illustrates the mesh refinement of 
the geometry. The mesh was refined in three stages, where the first refinement was created 10 
times downstream the nozzle diameter to avoid numerical instability [87]. A study by 
Ouellette [93] found that within 90 diameters from the nozzle, only 4% of penetration change 
Test 1 Test 4 
Test 1 
Test 1 
Test 1 
Test 4 
Test 4 Test 4 
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was observed with finer mesh being used. A total of 650,000 hexagonal cells were used to 
predict the flow accurately. 
The pressure boundary condition was set at the inlet with a static pressure of 150 MPa 
as the fuel (Methane) enters the cylinder domain.  A turbulence model, k-zeta-f was used for 
calculation with an initial turbulence kinetic energy of 1.5 m
2
/s
2
 defined in the cylinder. The 
fuel was injected for the duration of 1 ms.  
 
 
Figure 56 - Stages of meshing refinement 
 
The axial penetration of a single hole injector of Methane jet into a cylinder is 
compared in Figure 57. The axial jet penetration was measured and defined as the 98% 
difference of fuel concentration between the nozzle exits to the area in the domain. Based on 
the graph, the numerical model of the gas jet in AVL FIRE predicted the jet penetration of the 
gaseous fuel accurately for the duration of fuel injection. 
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Figure 57, axial penetration of gas jet for over 1 ms of injection duration 
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6.2.3 Case 2 – Validation of jet flow (jet shape) 
The second section covers the validation of distribution fuel mass concentration in a 
gaseous jet of high pressure injection with the PLIF visualisation. A mixture of 
methane/biacetyl was injected to illustrate the jet shape and fuel concentration of the high-
pressure jets. A few per cent of biacetyl were mixed in the fuel to allow the visualisation of 
the gas jet in the CVC. The operating conditions for the study are demonstrated in Table 11. 
For the simulation, Methane was used as the fuel and pressure boundary condition was 
assigned at the nozzle exit. The Methane was injected in an area filled with air instead of 
nitrogen. 
Table 11, Operating condition for fuel visualisation of gaseous fuel jet 
     [MPa] 2.7 
     [kg/m
3
]  25 
     [MPa] 15 
     [kg/m
3
] 79.5 
Q [g/s] 4 
     [K] 368 
    [K] 363 
Nozzle diameter [mm] 0.5 
Fuel Methane and a few percent 
of Biacetyl 
Chamber gas Nitrogen 
 
The PLIF images and AVL FIRE fuel mass distribution are compared every 0.25 ms, 
as shown in Figure 58. The legend shows the mean fuel distribution in the chamber for 0 to 
20 kg/m
3
. The mean fuel concentration for both PLIF and AVL FIR captured a similar 
distribution, where the concentration is high in the centre part of the jet, with less 
concentration further from the axis of injection. However, AVL FIRE predicted the jet shape 
with a slight difference, due to the mixture of the fuel injected used. AVL FIRE also 
predicted the axial and lateral fuel distribution accurately, as compared to the PLIF images.  
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                       (a)                                                 (b) 
Figure 58, Time evaluation of the mean fuel concentration fields for           
-            a) PLIF images Gilles b) AVL FIRE - colour palette range 0 – 20 kg/m
3
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6.3 CNG injection in combustion chamber 
This section covers the numerical development of the AVL Single Cylinder Research 
Engine (SCRE) used in the experimentation of pre-chamber ignition with direct injection in 
chapter 3 and 4. The potential of pre-chamber jet ignition in enhancement of combustion 
duration has been proven from the preliminary study discussed in chapter 3.3. The virtual 
mixture formation in the combustion chamber, including the pre-chamber, will confirm the 
behaviour and performance of the ignition and injection coupling in the experiment. The 
main aim of this 3D-CFD simulation is to study the trend mixture formation in a four stroke 
gaseous engine in the AVL SCRE and discuss ways to optimise this combustion strategy, 
rather than deducing the absolute values. The numerical model  was run for a pre-chamber 
ignition (1.5 mm) at 1500 rpm, WWMP, 3.3 bar IMEP.  
         
Figure 59, Isometric view of normal spark ignition and pre-chamber jet ignition in AVL FIRE 
 
Figure 60, piston used in the AVL SCRE 
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Geometry 
The AVL SCRE was modelled in CAD software, CATIA for the simulation in AVL 
FIRE. The top view of the engine geometry and design of the pre-chamber jet ignition device 
used in this work is illustrated in Figure 59. The engine comprises of one direct injector and a 
pre-chamber, replacing a standard spark plug in a conventional four stroke direct injection 
engine. The combustion chamber is a shallow bowl piston having dimensions of 2.7 mm 
deep, 73 mm top diameter of 73 mm and 63 mm piston bowl bottom diameter, as represented 
in Figure 60. It is a similar type of piston used in the preliminary study in Chapter 3. The 
cross section image of the different location of ignition source for the pre-chamber used in 
this project is shown in Figure 61.  
 
                              
Figure 61, Cross-section of short and long electrode spark plug on engine, a) long electrode spark plug b) short 
electrode spark plug 
 
Boundary condition  
A 3D-CFD-simulation displays the most sophisticated approach for the detailed numerical 
investigation on fluid-dynamic problem. This method is based on the local numerical solution of 
partial differential equations for conservative mass, momentum, energy and species concentration, 
over an arbitrary discretised fluid domain [100]. The simulation starts at the intake valve closure 
and ends at the time of ignition. The simulations were performed neglecting scavenging and 
residual gases within the cylinder and pre-chamber during intake valve closure. The initial 
conditions such as temperature and pressure are set on the basics of experimental 
measurements. The simulation ran for one resolution, starting from the start of injection 
(SOI) and ending at the time of ignition           (combustion is not simulated). The flow is 
Ignition 
source  
(a)  (b)  
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considered turbulent, compressible, reacting and multi species. Pressure boundary conditions 
are assigned at the injector inlet with a static pressure of 100 bar as used in the experiment. In 
the numerical study, it is required to use the correction nozzle diameter to match the mass 
flow generated with the pressure boundary condition used. 
Since the simulation process mainly includes the investigation of spray, it was 
calculated from the time of the intake valve closure to the time of ignition (extreme injection 
timing for the lean limit of combustion). Thus, it is not necessary to model the valves and 
ports of the intake and exhaust. The moving meshing was created using FAME Engine Plus; 
an automatic meshing and smoothing module in AVL FIRE. From the previous studies on the 
grid dependency, the grid density was implemented on different stages to be finer around the 
region where the spray occur, pre-chamber and the region downstream of the injector nozzle 
for the illustration of the mixture. The mesh density used for this study can be seen in Figure 
62. A global mesh size of 0.7mm was used for the rest of the cylinder domain with 
refinement in the pre-chamber (0.5mm), injector and area downstream of the injector. The 
meshing consists of 4.5 million cells at top dead centre position. The piston movement 
represents a compression stroke, with the computational domain made up of the in-cylinder 
volume contractions accordingly.  
The momentum, mass and energy equation of the simulation are solved using the 
AVL CFD solver. The AVL CFD solver is based on the Finite Volume approach. It uses the 
Eulerian frame of reference or “control volume approach” to develop the fluid flow and 
associated transport processes [100]. The governing equations which were employed in this 
numerical work consist of mass, momentum, energy and concentration equations. These 
conservation equations are stated in Equation 22 to 25. 
Equation 22, Mass (equation of continuity) 
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Equation 24, Energy equation 
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Equation 25, Concentration equation 
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The AVL CFD Solver employs the finite volume discretization method which rests on 
the above integral conservation statements applied to a general control volume. Hence, the 
finite volume method is able to preserve the conservation properties which are essential in the 
integral equations [100].  
 
 
  
 
 
 
 
Figure 62, Meshing for a) pre-chamber direct injection (PC-DI) and b) cross-section of PC-DI meshing c) direct 
injection of the CNG engine 
  
 
(b) (a) 
(c) 
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7. Numerical Results and Analysis 
The present section focuses on the numerical analysis of the mixture formation 
process in the single cylinder engine used in this project. A comprehensive CFD analysis on 
underexpended jet of gaseous fuel with different pressure ratios was conducted by the 
numerical model, whose development and validation have been described in the previous 
chapter. The relevant experimental engine operating condition and ignition strategy were 
considered for the mixture formation and fuel concentration distribution. The numerical study 
allows a thorough understanding of the in-cylinder mixture formation processes in 
particularly the fuel concentration distribution near the ignition source which affects the 
ignitability of the combustion mixture. The results of this model evaluation are reported for 
pre-chamber engine configuration: a stoichiometric part load case at WWMP, 1500rpm 
lambda 1, 3.3 bar IMEP with a pre-chamber jet ignition of a short electrode, in other word 
further ignition source from the pre-chamber orifices. The case study in this chapter is used to 
validate and explain the experimental results obtained from previous experimental chapter. 
The simulation starts at the start of injection and ends at top dead centre. The fuel is injected 
at 90 degrees CA BTDC, where the intake valves are fully closed. This simulation only 
studies the flow distribution without including any combustion process. The only difference 
between pre-chamber with short and long electrode spark plug is the location of the spark 
source therefore similar results and observations are expected for long electrode spark plug 
and used to describe the behaviour of flow in long electrode spark plug condition.  
Figure 63 present the CH4 fuel mass fraction at 1500 rpm, lambda 1, 3.3 bar IMEP in 
the vertical cut through the pre-chamber after the start of injection event. Similar high 
pressure fuel injection flow pattern was observed in [101] for the vertical distribution of the 
fuel as soon as the fuel hits the piston.  The fuel distribution is the result of fewer tumbles in 
the cylinder. With the piston type used, most of the fuel distribution is concentrated on the 
piston, with less reflection when the fuel impinges the piston resulting in less fuel distributed 
in the pre-chamber. This type of piston does not fully support the usage of passive pre-
chamber and direct injection. The isocontour image of CH4 mass fraction at ignition timing 
(703 degrees CA and TDC; 720 degrees CA) shows that there is no fuel being pushed in the 
pre-chamber during compression stroke which leads to pure air condition near the ignition 
source for a short electrode spark plug and limited amount of CH4 at the ignition source for 
long electrode spark plug during ignition timing.  
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Figure 63, CH4 fuel mass fraction distribution at 661, 671, 681, 691, 696, 701, 703 and 720 degrees CA ( 1500 
rpm, 3.3 bar IMEP, SOI : 630 degrees CA, Ignition timing: 703 degrees CA) 
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Figure 64, Isocontour image of CH4 mass fraction across the bottom of the pre-chamber at 703 degrees CA 
(1500 rpm, 3.3 bar IMEP, SOI : 630 degrees CA, Ignition timing: 703 degrees CA) 
 
This statement is supported by the isocontour image of the CH4 mass fraction at spark 
firing is shown in Figure 64. This explains the unstable engine operating condition observed 
in the experiments in chapter 5.2.1 for short electrode experiments. Figure 65 illustrates the 
velocity vector in the pre-chamber during the injection and compression process. As can be 
seen, higher intensity of the vectors is distributed on the pre-chamber wall with less velocity 
in the middle of the pre-chamber cavity. It can be concluded that this narrow pre-chamber is 
not provide an ideal condition for mixing between the fuel and air. Flow velocity is higher 
near the orifices and slower at the top of the pre-chamber where the short electrode spark 
plug ignition source is located.  The mixing is more likely to happen at the bottom of the pre-
chamber cavity; close to the orifices rather than further on the top of the pre-chamber. With 
the location of the long electrode spark plug close to the orifices as shown in Figure 66, it 
explains the more stable combustions in pre-chamber as compared to the pre-chamber with a 
short electrode spark plug. Moreover, Figure 65 proves the poor scavenging of this passive 
pre-chamber as residual gasses trapped in the pre-chamber in each engine cycle which 
resulted in high COVIMEP observed in experimental data [102].   
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Figure 65, Velocity vector across the pre-chamber at 661, 671, 681, 691, 703, 711, 715 and 720 degrees CA 
(1500 rpm, 3.3 bar IMEP, SOI: 630 degrees CA, Ignition timing: 703 degrees CA) 
 
 
Figure 66, Ignition source location in the pre-chamber with long electrode spark plug 
 
With a narrow passage for the pre-chamber, it can be concluded that the air-fuel 
mixture and distribution in the pre-chamber is sorely dependent to the mixing of the charge in 
the main chamber. These flow observations are also supporting and explaining the 
experimental data obtained from the short electrode pre-chamber experiment at 1500 rpm, 
lambda 1, WOT cooperating condition presented in Chapter 5.2.1 where combustions were 
feasible.  Referring to Table 8, for the short electrode spark plug, only the early injection 
timings were ignitable for the pre-chamber mainly for SOI 420 to 510 for the 1.5 mm hole. 
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This is because, the fuel was injected during the intake and start of intake valves closure and 
when fuel is injected during the intake stroke; the mixing is more likely to happen between 
the intake air and the fuel in the combustion housing. The engine is operating like a PFI 
where the mixture is homogeneous. Therefore, during the compression, the homogeneous 
mixture is pushed into the pre-chamber yet providing ignitability surrounding near the spark 
plug. Biswas & Li [32] stated that combustion instability happened only at lean-burn 
conditions and not affected by the pre-chamber type, geometry or jet characteristics however 
it is only true for pre-chamber where fuel is provided in the pre-chamber. In this project, no 
fuel is injected separately into the pre-chamber therefore the geometry and ignition source 
location are important parameters to be considered for a stable combustion.  
From this study, it can be concluded that for this particular pre-chamber design 
coupling with shallow bowl piston, the fuel injected is not reflected enough during 
compression stroke yet providing very lean mixture in the pre-chamber. It is proven that little 
mixing happen in the pre-chamber and the mixture in the passive pre-chamber is depending 
on the mixture in the combustion chamber. When the fuel is injected early when the intake 
valves are open, the flow from the intake ports increase the mixing of the mixture in the 
combustion housing yet providing a homogeneous mixture in the pre-chamber. Geometry and 
location of the ignition source of the pre-chamber are some of the main parameters affecting 
the combustion. Narrow pre-chamber cavity resulted in poor scavenging as residual gasses 
from previous cycle trapped in the pre-chamber and lowering the ignition source close to the 
orifices helps in improving the combustibility of the pre-chamber due to more ignitable 
surrounding near the spark. 
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8. Conclusion & Recommendation  
This thesis provides an understanding of the combustion phenomenon of the pre-
chamber application in a CNG direct injection engine for light duty vehicles. The fast burn of 
pre-chamber jet ignition and low pumping losses and high volumetric efficiency of direct 
injection are utilised to produce a higher thermal efficiency and lengthen the lean limit in a 
gaseous fuelled engine. The main focus on this work is to investigate the effects on 
combustion performances of the methods of injection and ignition strategy in a direct 
injection CNG engine. The significance of this study is concisely outlined in Section 1.2.  
A preliminary CFD study focuses on combustion in gaseous fuel engines with a jet 
ignition device comprising a direct injector and a spark plug. Computational analysis showed 
that a fast burning rate occurred, where the fuel-air charge was burnt approximately 10 
degrees CA after the ignition timing as compared to conventional engines with half of the 
charge is burned at about 10 degrees CA after top dead centre. As soon as the combustion 
within the pre-chamber is fully initiated, then the jet of partially combusted, hot products 
spread through the main chamber to burn the fuel available within a short time despite of the 
very lean composition.  
During experiments at the stoichiometric engine condition at 1500 rpm and 3.3 bar 
IMEP, the lean limit was extendable due to stratified combustion with late fuel injection 
timing. The GDI injector is not able to provide a sufficient amount of fuel at a short period of 
time to enable stratified combustion with an overall lambda exceeding 1.8. The optimum start 
of injection timing is found to be SOI 570 to SOI 600 for lambda 1 to 1.4 and SOI 630 for the 
mixture of leaner than 1.6. For this particular engine, the momentum from the fuel injection 
provided by the GDI injector mixed the fuel-air charge substantially in the cylinder and 
provided an ignitable mixture for the lean combustion. However with the shallow bowl 
piston, a fully stratified charge in the cylinder is not possible as the fuel hits the combustion 
chamber wall and spreads thinly when the fuel is injected at high pressure. The extension of 
the lean limit from lambda 1.6 to lambda 1.8 is demonstrated by the late injection strategy in 
direct injection of CNG due to the combination of injection momentum from the injected fuel 
and mixture stratification. 
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To distinguish the effects of pre-chamber in spark ignition engine, experimental 
studies on CNG were conducted with a passive pre-chamber (pre-chamber without additional 
fuelling in the pre-chamber). The studies used pre-chamber ignition system in a single 
cylinder 0.5litre direct injection CNG engine. The pre-chamber was designed and 
manufactured to replace the spark plug in the engine without any modification. Two orifice 
diameters were studied to investigate the ability of pre-chamber in delivering higher thermal 
efficiency and ignitability enhancement to ignite very lean mixture in the combustion 
chamber. It can be concluded that a short spark plug or higher location of spark initiation in 
the pre-chamber with a combustion at low load, 1500rpm, 3.3 bar IMEP is not possible (high 
combustion variation) due to the extremely lean mixture near the spark. Moreover, this type 
of pre-chamber does not provide enough scavenging as the residual from previous 
combustion cycle trapped in the pre-chamber volume. At similar speed at WOT, the 
combustion stability declined with retarded fuel injection timing (SOI >540 and SOI >510 for 
1.3mm and 1.5mm PC) which produce COVIMEP of more than 10%. During compression 
stroke, the low velocity flow entered the bigger orifice diameter therefore more time is 
required for the mixture to reach the source or ignition. The ignitability of the short electrode 
spark plug is sorely depending on the condition of the mixture in the main chamber as the 
mixture enters the pre-chamber volume through orifice during compression and only a little 
to no mixing happening in the pre-chamber.  
The ignitability issue of the short electrode spark plug in the pre-chamber is overcome 
with a longer electrode spark plug, providing a closer to orifice ignition source to the mixture 
in the pre-chamber. At Lambda 1, retarding the fuel injection gives less time for the mixing in 
the combustion chamber. Insignificant improvement with approximately 1% at 29.9% of 
thermal efficiency was observed with 1.3mm pre-chamber as compared to the normal spark 
ignition. Lambda 1.2 showed similar trend with slight improvements with 2% of increase in 
thermal efficiency for 1.3 mm pre-chamber. This observation of 1.3 mm pre-chamber 
performing slightly better as compared to spark plug is because smaller size holes penetrate 
the combustion product into the main chamber with higher velocity and momentum thus 
igniting the charge in the combustion housing. 
Numerical studies enable the illustration of the phenomena in the combustion 
chamber. The underexpanded gaseous flow in AVL FIRE was validated considering the 
accuracy in predicting the jet penetration, shape and fuel distribution. Through grid 
dependency study across the nozzle, it was found that accurate results obtained with 8 cells 
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across the nozzle diameter where the jet shape, axial and radial penetration showed similar 
observation as 20 cells across the diameter after 0.5ms of the fuel injection. The domain 
requires refinement in stages to avoid numerical instability and finer mesh is necessary in the 
nozzle and 10 times downstream of the nozzle diameter region. In a passive pre-chamber and 
direct injection application, it is found that parameters such as the piston type, pre-chamber 
geometry and the location of the ignition source have significant impact on the combustion 
performance and stability of gaseous fuel engines. Narrow pre-chamber cavity resulted in 
poor scavenging of residual gases from previous engine cycle and the mixture in the pre-
chamber is greatly dependent to the mixture condition in the main chamber. As this 
application is very dependent on the main chamber mixture, the results observed in this 
project might be different for different engine operating condition and speed.  
 
Recommendation and future work 
Late injection in direct injection has a high potential in extending the ability to run 
lean in gaseous fuel engine. Stratification can be achieved with a low pressure gas injector 
with high mass flow rate where it could provide enough amount of fuel in a short period of 
time. The low pressure fuel injected creates a cloud in the main chamber close to the spark 
plug. With a pre-chamber jet ignition, hot gases provide multiple sites of ignition sources to 
burn the concentrated fuel in the combustion housing. Passive pre-chamber has a problem of 
scavenging and with the narrow design, additional fuelling is required to remove the residual 
in the pre-chamber for each cycle.  
Active pre-chamber 
Active pre-chamber consists of fuel injector and spark plug. The new designs enabled 
the fitment into the single cylinder engine‟s 12 mm spark plug bore without any cylinder 
head modification. Figure 67 and 68 show the design of both passive and active pre-chamber 
for the AVL SCRE. The two pre-chambers have similar pre-chamber characteristics with 
different combustion condition where the active pre-chamber has additional fuel supplied in 
the pre-chamber while passive pre-chamber depending sorely to the mixture from main 
combustion chamber during compression stroke. It is consisted of two separate parts (part 1 
and part 2) with 8 mm spark plug, fuel path and pre-chamber volume. Both part 1 and part 2 
are partly threaded. Part 2 is screwed to cylinder head while part 1 and 2 are attached through 
spark plug threads and sealed when the spark plug is screwed in place. Part 1 is made of 
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Aluminium Alloy 6061 to ensure proper seal between part 1 and part 2. The bottom part is 
made of stainless steel to avoid expansion during engine operation. Fuel in the pre-chamber is 
delivered by a GDI injector to provide fast and accurate amount of fuel.  
With the active pre-chamber where the fuel is delivered in the pre-chamber, a short 
electrode spark plug is needed as the fuel will be concentrated at the top volume of the pre-
chamber. The fuelling in the pre-chamber will scavenge the combustion residual and EGR, 
and create a rich mixture region close to the spark. With the active pre-chamber, the 
optimisation of the orifice size is required as a smaller hole diameter gives higher momentum 
of the combustion product from the pre-chamber. However, one needs to consider the fresh 
air required for the pre-chamber too. In this case, the angle of orifice is also important. The 
angle will determine the amount of air is pushed in the pre-chamber for the ignition and the 
direction of the hot jet after the ignition. Undoubtedly, a numerical method is crucial for this 
purpose. Simulation of the combustion or fuel distribution in the chambers would be the 
initial indication of the performance of this concept thus the optimisation.    
With these modifications, combustion is depending on the fuelling in the pre-chamber 
rather than mixture in the main chamber. Extremely lean mixture in the main chamber is 
burned by the multiple hot gases from the combustion initiated in the pre-chamber. This 
concept of this active pre-chamber is applicable for any gaseous fuelled engines.  
 
 
Figure 67, Passive and active pre-chamber design 
Part 1 
Part 2 
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Figure 68, Active pre-chamber in AVL SCRE 
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